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ABSTRACT 

This thesis deals with modelling and performance enhancements of a gas-turbine 

combined cycle power plant. A clean and safe energy is the greatest challenges to meet 

the requirements of green environment. These requirements given way the long time 

governing authority of steam turbine (ST) in the world power generation, and gas 

turbine (GT) and its combined cycle (CCGT) will replace it. Therefore, it is necessary to 

predict the characteristics of the CCGT system and optimize its operating strategy by 

developing a simulation system. Several configurations of the GT and CCGT plants 

systems are proposed by thermal analysis. The integrated model and simulation code for 

exploiting the performance of gas turbine and CCGT power plant are developed 

utilizing MATLAB code.  New strategies for GT and CCGT power plant's operational 

modelling and optimizations are suggested for power plant operation, to improve 

overall performance. The effect of various enhancing strategies on the performance of 

the CCGT power plant (two-shaft, intercooler, regenerative, reheat, and multi-pressure 

heat recovery steam generator (HRSG)) based on the real GT and CCGT power plants. 

An extensive thermodynamic analysis of the modifications of the most common 

configuration's enhancements has been carried out. The performance code for heavy-

duty GT and CCGT power plants are validated with the real power plant of Baiji GT 

and MARAFIQ CCGT plants the results have been satisfactory. The simulating results 

show that the reheated GT has a higher power (388MW) while the higher thermal 

efficiency occurs in the regenerative GT (52%) with optimal pressure ratio and turbine 

inlet temperature. The performance enhancing strategies results show that the higher 

power output occurs in the intercooler-reheat GT strategy (404MW). Furthermore, the 

higher thermal efficiency (56.9%) and lower fuel consumption (0.13kg/kWh) occur in 

the intercooler-regenerative-reheat GT strategy. The analyses of the HRSG 

configurations show that the maximum power output (1238MW) occurred in the 

supplementary triple pressure with reheat CCGT while the overall efficiency was about 

56.6%. The intercooler-reheat CCGT strategy has higher power output (1637MW) and 

the higher overall thermal efficiency (59.4%) and lower fuel consumption 

(0.047kg/kWh) occur with the regenerative-reheat CCGT strategy. The simulation result 

shows that the proposed GT system improved 19% of thermal efficiency and 22% of 

power output. In addition, the proposed CCGT system improved 4.6% of thermal 

efficiency for and 22.5% of power output. The optimization result shows that the 

optimum power (1280MW) and the overall thermal efficiency (65%) of the 

supplementary triple pressure with reheat CCGT. Therefore, the optimization procedure 

is reasonably accurate and efficient. Thus, the operation conditions and ambient 

temperature are strongly influenced on the overall performance of the GT and CCGT. 

The optimum efficiency and power are found at higher turbine inlet temperatures. It can 

be comprehended that the developed models are powerful tools for estimating the 

overall performance of the CCGT plants. The energy and exergy analysis models for the 

GT and CCGT plants are highly recommended for predicting them performance based 

on inlet air cooling system. 
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ABSTRAK 

 

Thesis ini menerangkan penambahbaikkan prestasi dan model gas turbin dengan kitaran 

loji janakuasa. Masalah utama adalah untuk mematuhi piawaian kebersihan dan 

penjimatan tenaga dalam persekitaran hijau. Piawaian ini menggantikan undang lama 

turbin gas (ST) dalam penghasilan kuasa dunia gas turbin dan kitaran CCGT. Oleh itu, 

amat penting untuk memahami ciri system CCGT dan memikirkan strategi optimum 

operasi melalui system simulasi. Analisa therma mencadangkan pelbagai tatarajah GT 

dan sistem CCGT  seperti kod MATLAB, pembangunan kod simulasi dan model 

integrasi untuk mengeksploitasi loji janakuasa dan prestasi turbin gas. Strategi baru 

direka untuk operasi loji janakuasa untuk meningkatkan prestasi keseluruhan 

berdasarkan model operasi dan pengoptimunan GT dan loji janakuasa CCGT. Strategi-

strategi memberi kesan kepada prestasi CCGT (bersama penyejukdalaman,dua-

batang,pemanasan semula, penghasilan semula dan HRSG) berdasarkan loji janakuasa 

sebenar GT dan CCGT.Analisa berdasarkan thermadinamik telah dilakukan pada 

modifikasi kitaran penambahbaikkan umum. Pengesahan tugasan berat prestasi  kod GT 

dan loji janakuasa dilakukan melalui kuasa sebenar loji janakuasa GT dan MARAFIQ 

CCGT dengan keputusan yang baik. Keputusan dari simulasi menyatakan pemanasan 

semula GT mempunyai kuasa yang tinggi sebanyak 388 MW dimana kecekapan 

tertinggi therma ialah 52 % berlaku pada penghasilan semula GT yang mempunyai suhu 

dalam tangki dan nisbah mampatan yang optimal. Strategi untuk prestasi penambaikkan 

menunjukkan kuasa tertinggi penghasilan berlaku pada 404 MW dalam penyejuk-

pemanasan semula strategi GT. Tambahan, kurang penggunaan bahan bakar 

0.13kg/kWh dan kecekapan therma 56.9% dilihat dalam strategi penyejukkan-generasi 

semula-pemanasan semula GT. Konfigurasi analisa GT menunjukkan pada tekanan 

tamabahan tiga bersama pemanasan CCGT, perolehan kuasa maksima adalah 59.4%  

dan pengurangan penggunaan bahan bakar sebanyak 0.047 kg/kWh berlaku ketika 

menggunakan strategi generasi semula-pemanasan semula CCGT. Keputusan simulasi 

menunjukkan system GT yang di usulkan meningkatkan kecekapan therma sebanyak 

19% dengan perolehan kuasa sebanyak 22%. Tambahan, system CCGT yang dicadang 

dalam kajian ini meningkatkan kecekapan therma 4.6% and perolehan kuasa 22.5%. 

Keputusan penambahbaikan menunjukkan tekanan tambahan tiga bersama pemanasan 

CCGT mempunyai kuasa optimum sebanyak 1280 MW dan kecekapan therma 65%. 

Oleh itu, suhu persekitaran dan syarat operasi GT dan CCGT kuat mempengaruhi 

prestasi. Level optimum kuasa dan kecekapan dapat dilihat berlaku pada suhu turbin gas 

tertinggi. Jadi, dapat difahami bahawa model yang dibangunkan dalam kajian ini sangat 

berguna untuk meramal prestasi CCGT loji janakuasa. Penggunaan model analisa ini 

amtalah dicadangkan untuk GT dan CCGT dalam meramal prestasi berdasarkan 

penyejukkan system dalaman. 
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 Qav The heat available with exhaust gases from gas turbine cycle (kJ/kg) 

 Qsh The superheater duty (kJ/kg) 

 rp Pressure ratio 

S    Entropy (kJ/K) 

 SFC The specific fuel consumption (kg/kW.h) 

T  Temperature (K) 

 T1 Compressor inlet air temperature (K) 
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T2 Compressor outlet air temperature (K) 

 T2s The isentropic temperature of outlet compressor (K).  

 Ta  The average temperature (T2+T1)/2  (K) 

Tap The approach points (K) 

 Tf The temperature of fuel (K)  

 Tpp The pinch point (K) 

 Ts The saturation steam temperature (K) 

 Tw1 The temperature of water entering the economizer (K) 

 Tw2 The temperature of water entering the evaporator (K) 

 vf Specific volume of the water (m
3
/kg) 

 Wc The work of the compressor (kJ/kg) 

WGnet The net work of the gas turbine (kJ/kg)   

 
iW  The normalized firing strength from layer 3 

 
pW
 

The work of the pump (kJ/kg) 

snetW  The work net of the steam turbine cycle (kJ/kg) 

stW  The work of the steam turbine (kJ/kg) 

tW  The shaft work of the turbine (kJ/kg)   

 x  The input to node I  

x The effectiveness of intercooler (heat exchanger) 

  

Greek Symbols 

Symbol Meaning  

ε Effectiveness of the regenerative heat exchanger 

ρ Density (kg/m
3
) 

γ Specific heat ratio 

a   
Specific heat ratio of air  

g  Specific heat ratio of gases 

η Efficiency 

C  Isentropic compressor efficiency 

chp
 The high-pressure compressor efficiency  
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clp
 The low-pressure compressor efficiency 

db  The supplementary firing efficiency 

HPT  The high-pressure turbine efficiency 

LPT  The low-pressure turbine efficiency 

m  The mechanical efficiency of the compressor and turbine 

p
 The water pump efficiency 

st
 

The steam turbine efficiency 

stc
 

The steam turbine cycle thermal efficiency 

t  
Isentropic turbine efficiency 

th
 The thermal efficiency of the gas turbine 

  

Subscripts 

Symbol Meaning  

1,2…etc State number 

a Air 

add Added 

all Overall 

ap Approach point 

av Average 

c Compressor 

cond Condenser 

f Fuel 

fdb Fuel burning in the supplementary firing 

g Gases 

Gnet Gas turbine net work 

HP High pressure 

IP Intermediate pressure 

LP Low pressure 

p pump 

pp Pinch point 
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RH Reheated pressure 

S Isentropic 

s Saturated steam 

snet Steam turbine work net 

ss Superheated steam 

st Steam turbine 

stc steam turbine cycle 

w Water 

w1 Inlet water to economizer 

w2 Inlet water to evaporator 
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LIST OF ABBREVIATIONS 

ANFIS Adaptive neuro-fuzzy inference system 

 AFR Air fuel ratio 

ANN Artificial neural network 

 C Compressor 

C.C Combustion chamber 

CCGT Combined cycle gas turbine power plant 

 CCI First combustion chamber 

 CCII Second combustion chamber 

 D Drum 

 DPCC Dual pressure combined cycle power plant 

 DSH The degree of superheat 

 FAR Fuel air ratio 

GT Gas turbine 

 HE Heat exchanger 

 HGT Reheated gas turbine 

 HP High pressure 

 HPC High pressure compressor 

 HPT  High pressure turbine 

 HRSG Heat recovery steam generator 

IEA International Energy Agency 

IGT Intercooler gas turbine 

IGTCC Intercooler gas turbine combined cycle 

IHGT Intercooler-Reheat Gas Turbine 

 IHGTCC Intercooler reheats gas turbine combined cycle 

 IP Intermediate pressure 

 IPT Intermediate pressure turbine 

 IRGT Intercooler-Regenerative Gas Turbine 

 IRHGT Intercooler-Regenerative-Reheat Gas Turbine 
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IRHGTCC  Intercooler regenerative reheats gas turbine combined cycle 

 IRTGT   Intercooler-Regenerative-Two-Shaft Gas Turbine 

 IRTGTCC Intercooler regenerative two-shaft gas turbine combined cycle 

 ISO International standards organization 

 ITGT    Intercooler-Two Shaft Gas Turbine 

 ITGTCC Intercooler two-shaft gas turbine combined cycle 

 LHV Lower Heating Value 

LP low pressure 

 LPC Low pressure compressor 

 LPT Low pressure turbine 

 PES Performance enhancing strategies 

 RGT Regenerative gas turbine 

 RGTCC Regenerative gas turbine combined cycle 

 RH  Relative humidity 

 RHGT   Regenerative-Reheat Gas Turbine 

 RHGTCC Regenerative reheats gas turbine combined cycle 

 RTGT Regenerative-Two Shafts Gas Turbine 

 RTGTCC Regenerative two-shaft gas turbine combined cycle 

 SFC Specific fuel consumption 

SGT Simple gas turbine 

 SGTCC Simple gas turbine combined cycle 

 SPCC   Single pressure combined cycle power plant 

 ST Steam turbine 

 TGT Two-shaft gas turbine 

 TIT Turbine inlet temperature 

 TPCC  Triple-pressure combined cycle power plant 

 TPRCC Triple-pressure steam-reheat combined cycle power plant 

 TPRHCC Supplementary firing triple-pressure steam-reheat combined cycle 

power plant. 

 

TTD The terminal temperature difference 

 



 

 

 

CHAPTER 1 

 

 

INTRODUCTION 

 

 

1.1 INTRODUCTION 

 

The global energy consumption increased by 49% from 2007 to 2035 (IEO, 

2010). The rise in the total energy usage was from 495 quadrillions British thermal units 

(Btu) in 2007 to 590 quadrillions Btu in 2020 and 739 quadrillions Btu in 2035. This 

was evaluated as a growth of 6% per annum, as shown in the Figure 1.1 (IEO, 2010; 

Sanjay, 2011). The energy supply has suffered a shock due to the economic crisis that 

has inflicted the global market. The economic crisis began in 2007 and continued till 

2009. There was a sharp decrease in the energy consumption, both on the part of the 

manufacturers and consumers, by 12% in 2008, while in 2009 it was by 2.2% (IEO, 

2010). There was an approximate 6% average annual growth in the electricity demand 

for the world, while it is predicted that this will increase by a further 6% per annum for 

the next five years (Marroquin, 2010). The rate of electricity produced was lower than 

the rate of electricity consumption. Especially during the hot seasons, there is a shortage 

of power supply as the electricity demand soars. 

 

After the demand for a variety of the power generating abilities and accessibility 

to the fuel such as, natural gas, there was an increase in the power supply as the global 

power plants began to strengthen. The thermal power generation unit used natural gas as 

the major fuel type (Arrieta and Lora, 2005; Sánchez et al., 2010). The condition under 

which a thermal plant operates is much more complicated as compared to the operating 

conditions of a hydroelectric plant. The complications are produced as the thermal 

power plant requires fluids to work under extreme temperatures and pressure (Arrieta 

and Lora, 2005; Felipe et al., 2005). In addition, the thermal power plants are based on 
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complex automatic control units that need supervision and maintenance continuously. It 

also requires complicated operational conditions of the metal equipment, heat 

exchanging surfaces, combustion chamber, blade cooling, casing, etc. The operations 

must be carried out efficiently to produce maximum power (Arrieta and Lora, 2005; 

Ameri et al., 2005; Kim and Hwang, 2006).  

 

 

 

Figure 1.1: World marketed energy consumption, 1990-2035. 

 

Many industrial power plants are dependent on the industrial gas turbines as 

their means of power generation. These are referred to as the gas turbine power plants 

(GT). The industries need power for electricity generation to power up their equipments 

required for the process such as, compressors and pumps (Basrawi et al., 2011). 

Aircrafts also use the GT, but in this case these are then referred to as the GT cycle. It is 

important to fully understand the operating conditions (Carraretto, 2006; Milstein and 

Tishler, 2011), as the GT plants are often required to operate in conditions that do not 

fulfil their ideal operating situation, especially in the deregulated market (Woudstra et 

al., 2010). The global market values the relationship between energy and economic 

growth. The various disciplines and technical abilities need to be grouped together to 

create an operationally competitive GT power plant that will improve its performance 
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(Bertini et al., 2011). The compressors, combustors and turbines are the main 

components of the GT plant and an important part of the design and performance of the 

GT plants (Walsh and Fletcher 2004). The GT is the key to the industrial power 

production with its distinct operation logic (Basrawi et al., 2011; Mathioudakis et al., 

2001).  A GT analysis component will analyze the thermodynamic processes such as, 

compression, combustion and expansion. The organized thermodynamic analysis of 

these components is covered in the calculation of the performance parameters of the GT 

plant such as, thermal efficiency, power output and specific fuel consumption. The 

Brayton cycle is used to apply these calculations (Heppenstall, 1998; Ozalp, 1999; 

Saravanamuttoo et al., 2009). The whole GT cycle is based on the compression of air by 

the compressor, which is then transferred to the combustion chamber. This compressed 

air is then mixed with the fuel for producing high temperature flue gas (Moran and 

Shapiro, 2008; Dechamps, 1998; Kim and Hwang, 2006). The flue gases will receive 

the power turbine at high temperature, which is connected to the shaft of the generator 

for producing electricity. 

 

The GT power plants are popular for their low costs, high reliability and 

flexibility in their operations. The GT plant has a simple process. The GT power plant 

has a multi fuel capability, compact size and a minimum impact on the environment, 

which has made its position important in the field of distributed energy systems. Its 

mechanism requires minimum maintenance. But its many qualities are blemished by a 

flaw that is its low electrical efficiency of about 30-40% from the low heating value 

(LHV). It is therefore less efficient when compared with the internal combustion engine 

at an equivalent power output (Pilavachi, 2002; Onovwiona and Ugursal, 2006; Wu and 

Wang, 2006; EPA, 2008). For electricity generation only, the GT power plant is often 

combined with the steam power plants. These are known as the CCGT plants and can 

generate electricity at a cost lower than the steam power plants of similar rating (Franco 

and Casarosa, 2004; Variny and Mierka, 2009).  

 

The CCGT are globally recognized as the world’s most efficient fossil fuel to 

electricity converter. The performance has been enhanced by the growing usage of these 

plants. The turbine inlet temperature is increased and thus, it was suggested (Rice, 1980; 

Mori et al., 1981). The CCGT plants have developed on the experience built up in the 
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past 40 years (Horlock, 1995; Kehlhofer, et al., 2009; Graus and Worrel, 2009; Tiwari 

et al., 2010; Franco, 2011). Owing to the existence of two different thermal power 

cycles that are joined through the heat recovery steam generator (HRSG), the CCGT 

plant has been designed intrinsically (Valdes et al., 2004; Franco, 2011). The best 

incorporation between the power units will determine the performance of the CCGT 

system (Franco, 2011; Martelli et al., 2012). The HRSG component of the CCGT cycle 

can be made on order particularly for each GT unit, while the gas turbine (GT) and the 

steam turbine (ST) can be selected from among the set of commercially available range 

plant (Bolland, 1991; Reddy et al., 2002; Franco, 2011). 

 

1.2  PROBLEM STATEMENT 

 

To determine the performance of GT power plant or its components through the 

available methods in order to develop an experimental prototype is a time consuming 

and a costly process. Efforts need to be concentrated on increasing the efficiency of the 

power plants and increase the power output while also cutting down on the fuel used. 

The energy analysis carried out through a computed mathematical model is considered 

as the most economical solution for analyzing the energy and also help in the future 

design (Kim and Hwang, 2006; Riegler et al., 2001).  

 

The problems that emerged during the study of these mathematical models have been 

summarized below: 

 

i. Low thermal efficiency is obtained by the GT power plant based on the basis 

cycle (Heppenstall, 1998; Boyce, 2012). 

ii. Large quantities of heat are released to the atmosphere with the exhaust gases 

during the GT operation (Korakianitis et al., 2005; Arrieta and Lora, 2005). 

iii. The power output of a gas turbine deteriorates significantly during the warm 

seasons (Boonnasa et al., 2006; Gorji and Fouladi, 2007; Farzaneh-Gord and 

Deymi-Dashtebayaz, 2011). 

 

The technical problems have been more highlighted in the previous works such 

as, power output and efficiency with the increase in the ambient temperatures. The past 
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studies have discussed the usage of simple GT, complex GT (two-shaft, regenerative, 

intercooler and reheat) and GT auxiliary systems in the development of the power 

generation technologies. The objective of these studies was to increase the performance 

of GT and highlight the benefits of CCGT plant technology.  

 

Therefore, this thesis is also aimed at the development of the simulation codes 

that are best suited for optimization and parameter studies applied for the GT power 

plant. To increase the performance of the power plant, studies will be conducted on the 

effects of the important parameters and the model upon the GT power plant. The 

relationship between the GT output power, exhaust gas temperature, fuel, and air flow 

rate with the important variables of the power plant will also be studied. Categorization 

of the plant model into sub models will be done. The steady performance analysis of the 

GT and CCGT power plant will be covered in this model. The practical application of 

these developed models on the GT power plant and the real CCGT power plant are to be 

verified in terms of its analytical accuracy. 

 

1.3  OBJECTIVES OF THE RESEARCH 

 

The following is the summary of the study objectives: 

 

i. The performance of the gas turbine as well as the CCGT power plant will be 

exploited by developing an integrated model and simulation code. 

ii. The performance of the GT and the CCGT power plant can be enhanced through 

the strategies that have been developed for this purpose. Thus these strategies 

will be validated in terms of their effects. 

iii. The optimized GT performance code appropriate for an optimum combination 

of the GT operation will be considered to develop a new CCGT configuration 

model. 

iv. To enhance the thermal efficiency and power output, the impact of the operating 

variables and ambient conditions on the GT as well as CCGT will be studied. 
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1.4  SCOPE OF THE STUDY 

 

To analyze and improve the overall performance of the GT and CCGT power plants, the 

development of an integrated strategy will be attempted in this thesis. The following is 

the outline of the study scope: 

 

i. To evaluate the performance of GT and CCGT power plants for various ambient 

temperatures ranging from 0 ºC to 55 ºC, a thermodynamic model is developed. 

The MATLAB code is used to include enhancements in this model. 

ii. The effects of the operating parameters such as, pressure ratio, turbine inlet 

temperature, ambient temperature, and isentropic compressor and turbine 

efficiency have been used for the integrated strategies. The configuration of the 

cycle has also been included in these integrated strategies. 

iii. The current scope will not consider the parameters of the steam turbine cycle as 

the analysis of the CCGT is sent from the gas turbine cycle perspective only. 

iv. To measure the performance of the GT and CCGT plants, the first law of 

thermodynamics is used for the energy analysis. The scope of this study does not 

include the fluid flow, aerodynamics and exergy.  

v. The experimental data of real GT and CCGT power plants are used to validate 

the above stated models through a typical year in Iraq and Saudi Arabia. This 

study has selected the Baiji GT power plant in Iraq and MARAFIQ CCGT 

power plant, in Saudi Arabia as case studies. 

vi. To achieve the optimization task, an artificial neural network is constructed. The 

performances are considered in the optimization.  

 

1.5  OUTLINE OF THE THESIS 

 

There are five chapters in this thesis. The first chapter is the introduction. The 

literature review of the gas turbine based on the combined cycle power plant is 

presented in Chapter 2. It presents a summary of the most important findings of the 

work associated with the present study. The effect of operation parameter and ambient 

condition, comparison of the ideal and actual gas turbine open cycle , the different 

complex cycles of gas turbine, combined cycle and different complex cycles based on 
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advance combined cycle systems are included. The performance of the open-cycle 

simple GT power plant is described in the Chapter 3. It also discusses the 

thermodynamic models in terms of the theoretical bases of the various equations. The 

subroutine flowcharts that were used to apply the computer programs were also 

included in this chapter. This is followed by the development models of the complex 

gas turbine plant and the discussion on the CCGT with its effects on the operation 

parameters and ambient conditions. To select the optimum parameters that achieved the 

best performance of the GT and CCGT power plants, a computational code was 

developed. In the Chapter 4, to predict the performance of GT and CCGT power plants, 

the simulation models were presented. It also contains a discussion on the simple model, 

modified models and strategies that combined the two or more modifications of GT and 

CCGT plant configurations to increase the efficiency. This was followed by an error 

analysis on the new predictive correlation that was obtained from the experimental 

results. This chapter also presented the optimized performance after the selection of the 

best strategies and ANFIS-tuned parameters. The conclusions of this work and 

recommendations for the future works are presented in the Chapter 5.  

 

 



 

 

 

CHAPTER 2 

 

 

LITERATURE REVIEW  

 

 

2.1     INTRODUCTION  

 

A comprehensive overview of the past research on the GT and CCGT power 

plants is presented in this chapter. Many different researches and studies have been 

carried out on the modeling and simulation of the performance of GT and CCGT. A GT 

power plant of simple cycle with intercooler, two-shaft, reheat and regenerative, and GT 

of complex cycle with intercooler, reheat and regenerative are explored in this chapter. 

In addition, the operating conditions’ effect on the GT and CCGT power plant 

performance of both simple and complex cycle are also reviewed. Furthermore, the 

configuration affects of the heat recovery steam generator (HRSG) is also assessed in 

regards with the CCGT performance. Lastly, the CCGT power plant’s technical analysis 

is conducted for improving the GT power plant’s performance. However, there is less 

information available on the performance assessment of the GT and CCGT plants for 

GT ambient conditions and operations, and the CCGT plant’s complex cycle 

configuration of the GT and HRSG. The literature review of previous studies is done 

extensively in order to tailor the current research properly and add more to the existing 

literature in regards with the trends of the research in this field.  

 

2.2     HISTORY OF GAS TURBINE 

 

The first GT was built by a Norwegian named Aegidius Elling in 1903 using a 

rotary dynamic compressor and turbine to develop as gas turbine that generated a power 

of 8KW (Jeffs, 2008). In the later year, Elling worked on the improvements of his 

design and achieved a gas turbine that can generate 33kW at exhaust gas temperature of 
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773 K with an operational speed of 20,000 rpm as compared to the first turbine’s 

temperature of 673K (Razak, 2007). According to Zurcher et al. (1988), a practical GT 

success was achieved by a French company in 1905 named Societe Anonyme des 

Turbomoteurs. This engines works with an efficiency of 3% at a constant pressure, 

under its own power, to be put in the engine as fuel and became shaft power that can be 

used (Jeffs, 2008; Bartnik and Buryn, 2011). The 1905 engine also consisted of a 

multistage centrifugal compressor of 20 stages or more having a compressor efficiency 

of about 60%, pressure ratio of 4 and 393ºC turbine inlet temperature (Strom, 1975). 

However, it was not until 1939 that an emergency electrical-power supply unit known 

as Brown Boveri (BBC) was built in Neuchatel, Switerzland that can produce an output 

of 4,000 kW and an efficiency of 18%. According to Zurcher et al. (1988), the world’s 

first single combustor gas turbine set is shown in Figure 2.1. The turbine provided 

15400 kW at a rotation of 3000 rpm with inlet temperature of 550ºC. Of the produced 

kW, the compressor consumed 11000 kW with an ambient temperature of 20ºC. 

 

 

 

Figure 2.1: The world’s first industrial gas turbine set with single combustor. 

 

According to Jeffs (2008), in 1949, the first electric gas turbine was installed as 

a CCGT plants part in Oklahoma (USA) by General Electric (GE) Company which can 

generate power of about 3.5 MW. Taniguchi et al. (2000) stated that the GT used till the 

mid seventies were not reliable and had low efficiency. In comparison, the GT 

developed by GE in the early 1990s could generate power of 135.7 MW, had a pressure 
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ratio of 13.5 and thermal efficiency of 33%. According to the GE Energy (2010), the 

most recent model of GT in a basic cycle mode can generate power of 300 MW using a 

turbine inlet temperature of 1425ºC with a thermal efficiency of 40%.  

 

Until now, the industries used gas turbines to generate mechanical power and to 

drive different loads including pumps, generators, propeller or process compressor 

(Saravanamuttoo et al. 2009; Sullerey and Agarwal, 2006). According to Bartnik and 

Buryn (2011), and Jeffs (2008), gas turbine was developed as simple engine which later 

evolved to become a complex, high-efficient, and reliable mover. For the industries to 

be profitable such as for exploration and production of oil and gas, and power 

generation for military and civil aviation, high performance and operation of the gas 

turbines is crucial (Razak, 2007). The pressure ratio of compressor has increased from 

4:1 to 40:1 in an attempt to develop a perfect gas turbine operating at a temperature of 

1800 K which can produce thermal efficiencies of over 40% and 350 MW power output 

(Siemens, 2010).  

 

2.3  CLASSIFICATION OF GAS TURBINES 

 

In the past, different configurations of GT components have been created. Some 

of these configurations were used for power generation while other for mechanical 

purposes such as pump and compressor (Razak, 2007). In the following sections, 

different components of GT will be explained according to their classification such as 

working cycle, application and arrangement of components.  

 

2.3.1  According to Cycle 

 

GT and CCGT units mostly operate on the open cycle system. In this system, 

fresh air is continuously drawn in the circuit through an air compressor which adds 

energy in the combustion chamber through the fuel combustion in harmony with 

working fluid (De Sa and Al Zubaidy, 2011; Kim and Hwang, 2006). According to the 

Figure 2.2 (a), the exhaust gas and other products of combustion are led out from the 

combustion chamber using the turbine where it is exhausted in the atmosphere (Moran 

and Shapiro, 2008; Kaushika et al., 2011). 
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(a) Open cycle 

 

 

(b) Close cycle 

 

Figure 2.2: Simple gas turbine cycles  

 

Similar to the principle of the GT’s open cycle, the working fluid, gases and air 

are continuously passed through the turbines. According to Chih (2007) and Cengel and 

Boles (2008), an energy needs to be added to the heat recovery where in order to burn 

the fan, air was supplied by the auxiliary fan in a separate stream. The cycle of GT is 

more close to the ST plant, in which the gases do not move themselves through the 
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turbine during the combustion process; this is shown in Figure 2.2 (b) (Horlock et al., 

2003). 

 

2.3.2  According to the Components Arrangement 

 

 Figure 2.3 shows gas turbine. It is made of one or two shaft arrangements. When 

a gas turbine has two shafts, they are driven by high and low pressure turbine. Both are 

on the common shaft and the generator is connected to the other shaft. The generator is 

connected with free power turbine as well (Najjar, 1997). If a gas turbine contains single 

shaft, it is composed of turbine and compressor mainly. They are mounted on a 

common shaft which in turn gets power from generator (Zhang and Cai, 2002). In two 

shafts arrangement, the speed of their rotation is not synchronous. This feature allows 

for variable load control (Kim et al., 2003). This arrangement is also known as split-

shaft arrangement. In combination, the combustion chamber, compressor turbine and 

compressor are known as gas generator (Horlock et al., 2003). 

 

The mechanism of single shaft GT power plant is described as follows. The 

compressor delivers the compressed air to the combustion chamber. It has high 

temperature hence the air heats up. The constant pressure is maintained in the chamber. 

Then, the air is mixed with fuel in the combustion products as results (Haglind, 2010). 

The gases become hot and find their way in turbine of the GT. It expands itself and the 

gases are led towards the chimney. It is shown in Figure (2.3.a) (Cengel and Boles, 

2008). The flue gases are rejected in the atmosphere. The compressor for GT plant takes 

major portion of work; it is around 60% of the total activity (Kehlhofer et al., 2009). 

The rest of the portion is lost when the gas exhausts. It is the result of mechanical work 

that gives inputs to the generator (Al-Sayed, 2008). 

 

There are certain requirements to have two shaft GT power plants. It is mainly 

used when operations are to be carried out flexibly. The examples include road vehicles 

and marine propellers. It is shown in Figure 2.3(b) (Moran et al., 2003). In such settings, 

the low pressure turbine drives the generator and high pressure turbine drives the 

compressor, of GT plant (Kim et al., 2003). This feature offers considerable advantage 

in comparison to single-shaft GT plant. There is a disadvantage associated with this 
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feature. It is that electrical load can shed off which can increase the speed of turbine 

(Haglind, 2010).  

 

 

(a) Single shaft gas turbine 

 

(b) Two shaft gas turbine 

 

Figure 2.3: Schematic diagram for simple gas turbines 
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2.3.3  According to the Field of Applications 

 

Gas turbine is most effectively used in aviation be it military application or 

civilian carrier (Giampaolo, 2006). It is because it has the capability to produce high 

power out of low engine weight. Because of this feature, it acts as a propulsion system. 

The propulsion system in aircraft is shown in Figure 2.4 (Al-Sayed, 2008). In thermal 

jet engines, it is called jet propulsion device. It mixes air with fuel to form combustion 

and fulfill propulsion purpose (Walsh and Fletcher, 2004). The idea of basic jet engine 

was conceived during Second World War. The efforts were made in Germany by Von 

Ohain while in England; Whittle was active participant for its design (Jeffs, 2008). It 

took so many forms and shapes to reach the final condition of jet engine. The previous 

forms include Turboprop, turbojet, turbofan and Ramjet engines. Out of these, turbojet 

is the one which is designed to produce power that is exactly sufficient for running the 

compressor (Giampaolo, 2006). Hence, its design matched with the basic principles 

closely. Once the gas leaves the turbine and has high temperature and pressure, it goes 

in the atmospheric pressure through propelling nozzle and produces high-velocity jet 

(Al-Sayed, 2008). 

 

 

 

Figure 2.4: Aircraft propulsion 
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Figure 2.5: Industrial gas turbine power plant 

 

The Second World War triggered the idea of gas turbine and they were formally 

launched in the market in 1950s (Mohajer et al., 2009). ST design was modified to 

make early heavy-duty GT design. As it was ground based unit, weight and space 

factors were not restricted. There were horizontal centerlines, large-diameter 

combustors, sleeve bearing, heavy-wall casings, stators and large frontal areas and thick 

airfoil sections for blades (Brandt and Wesorick, 1994). Usually the life span of 

industrial parts is around 100,000-200,000 hours, but in case of aircraft GT, it becomes 

an unrealistic expectation (EL-Wakil, 1984). There is no heat recovery steam generator 

(HRSG) that should be used to preserve the kinetic energy of gases that come out of 

turbine (Valdes et al., 2003). Turbines and compressors are also used with heavy-duty 

GT. It is shown in Figure 2.5. The Europeans use single-stage side combustor while in 

USA, design can-annular combustors are more common (Jeffs, E. 2008). Both free 

power turbine and fixed turbine are used with industrial applications. The driven load 

determines GT design for industrial applications (Boyce, M.P. 2012). The pipeline's 

compressors and alternators directly carry the load, while there are certain other designs, 
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which with the help of reduction gearbox manage the speed increase in power turbine. It 

is also valid in case of marine propellers (Saravanamuttoo et al. 2009). 

 

2.4  ACTUAL GAS TURBINE CYCLE 

 

As mentioned earlier, the process taking place in gas turbine is like entry of air 

in the combustion chamber and it’s mixing with combustion fuels. The temperature of 

gas increases (Soares, 2008). This practice is different from the reactants that basically 

lead to rise of enthaply in working fluid (Heppenstall, 1998; Breeze, 2005). It is 

irreversible that the centrifugal and an axial circulation air compressor which are used in 

the GT and the compression procedures are adiabatic. Moreover, the developmental 

process in the turbine of the GT is also shown in Figure 2.6 (Moran and Shapiro, 2008). 

It is very important to cope with such issues and the GT must be developed in such a 

way that it improves the output of the job that is needed to move the compressor and get 

over the technical failures in the drive (Gorji and Fouladi, 2007). 

 

(a) (b) 

 

Figure 2.6: (a) p-v diagram and (b) T-s diagram for gas turbine 

 

2.5  GAS TURBINE PERFORMANCE 

 

Simple cycle productivity of the GT plants which were built in the beginning of 

the1940s and 1949s, gave only 17% output of the modern GT plants. The main reason 

of such results were low turbine inlet temperature, low compressor and turbine 
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isentropic efficiencies (Razak, 2007; Edris, M. 2010). It was also found that the use of 

GT plants was very restricted despite of their adaptability and their ability to consume 

different types of energy sources.  

 

There are only two methods of examining the performance of the GT plant and 

its elements at the beginning of the developmental stage, which are either to assess the 

prototypes of the whole GT energy plant or to consider its primary components. 

However, these techniques methods are very expensive to execute (Al-Hamadan and 

Ebaid, 2006). Furthermore, the GT plant works on full load for a significant part of its 

life. So, that is why, it is suggested that the pattern of its performance should be 

analyzed in details before making it operational (Kim and Hwang, 2006). A 

mathematical model is used with the help of computational methodology to get the most 

effective solution for increasing the performance of the plant (Riegler et al., 2001; Al-

Hamadan and Ebaid, 2006; Tiwari et al., 2010). More research work is required to 

increase the performance of the power plant with the improvement of the energy 

productivity and the reduction in fuel consumption. This is the root cause of the primary 

failure of this whole system which needs to be address as efficiently as possible 

(Poullikkas, 2004). Those gadgets are very effective to use which have the potential for 

performance enhancement, outstanding plant’s design and energy analysis that may help 

in the future (Riegler et al., 2001; Ahmadi and Dincer, 2011). For this purpose, 

computerized mathematical modeling of the GT plant will be very effective. 

 

The output of the GT plant, which consists of energy/fuel intake, thermal 

efficiency and power output, are dependent upon the inlet and exit condition of the 

energy plant (Farshi et al., 2008). The condition of the ambient and the changes of the 

pressure losses during the installation of the system are very important to consider 

before determining the parameters of turbine inlet temperature and pressure ratio 

(Mahmood and Mahdi, 2009).  There are two different ways of improving the pattern of 

the cycle efficiency of the research and development, which are as follows:  

 

i. You have to improve the factors which can affect the performance and output of 

the gas turbine in operational and normal conditions. 
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a) You have to work out on the gas turbine within the limit of International 

Standards Organization (ISO). 

b) You have to increase the temperature of the turbine inlet.  

c) You have to increase the pressure ratio of the compressor. 

d) You have to increase the productivity of turbo-machinery elements. 

ii.  Do more effective modifications in the cycle of the gas turbine which are: two-

shaft, reheated, intercooler and regeneration. 

 

2.5.1  Influence of the Parameters  

 

The GT system had been used for many years to get maximum potential from 

different utilities (McDonald and Rogers, 2005). Now many developments and 

modifications have been made on it which has fostered the power generation output and 

increased the efficiency of the thermal power plants. The modification of the GT was 

started in 1930s, with the core purpose of propulsion for the jet aircraft. However, the 

sufficient development in the efficiency and productivity of the GT plants was started 

after 1980s as a mean of developing high power stationary programs (Razak, 2007). The 

size of the gas power generator plant is ranging from 30kW to 350MW (Siemens, 

2010).  

 

The performance of the GT plant is established by the condition of the ambient, 

which varies from time to time (Kakaras et al., 2004). Hot ambient creates low pressure 

and low air mass flow which leads to low air density, pressure ratio and power output. 

This low pressure also reduces the performance of the GT (Brooks, 2001; Petek and 

Hamilton, 2005). So, it is right to say that the reduction in the power output and the 

increase in the fuel consumption are caused by increasing ambient temperature (De Sa 

and Al Zubaidy, 2011). All those factors which can reduce the performance of the GT 

are humidity, air pressure and temperature (Benjalool, 2006). 

 

The reduction in the performance of the GT in hot days reflects following results: 

 

i. Decrease of the humidity of the air. 

ii. Decrease in the circulation amount of the air. 
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iii. Decrease in the pressure ratio. 

iv. Reduction of the power output which is caused by the low pressure ratio and 

mass flow rate. 

v. Increase of the fuel consumption. 

vi. Reduction of the thermal efficiency caused by all above mentioned 

conditions. 

 

The increase of the ambient temperature in the GT reduces the air pressure and 

increases the cycle temperatures (Arrieta and Lora, 2005). There have been conducted 

many researches on this matter which confirms that the overall performance of the GT 

is depending upon the air temperature (Ait-Ali, 1997; Kolev et al., 2001; Jonsson and 

Yan, 2005; Farshi et al., 2008; Mahmood and Mahdi, 2009; Aklilu and Gilani, 2010). 

Erdem and Sevilgen (2006) revealed that the monthly reduction in power which is 1.7 to 

7.2 %, triggered by the ambient temperature. Because of the high ambient temperatures, 

decrease in electricity generation is noticed and this causes the increase in fuel 

consumption (Farzaneh-Gord, Felipeet al., 2005 and Deymi-Dashtebayaz, 2011; Basha 

et al., 2012, Kim et al., 2011). The power generated is raised from about 0.40 to 7.5% in 

the result of decreased surrounding temperature up to 10 
o
C (Erdem and Sevilgen, 

2007). 

 

High performance of plant can be judged by its power generation, fuel 

consumption, working ratio and the thermal efficiency. It is reported that various 

aspects are there which greatly influence the performance which are: surrounding 

temperature, pressure ratio, combustion and the turbine inlet temperatures etc. 

(Mahmood & Mahdi, 2009; Kim, 2004). As illustrated in Figure 2.7, according to 

Taniguchi et al., (2000), performance of GT plant is very much affected by the ambient 

temperature and pressure along with the temperature recorded of wear out gases. The 

study shows that an obvious decline in power generation of about 10% is observed as 

the ambient temperature increases, whenever the ambient air temperature increases to 

30 ºC from ISO stated condition of (15 ºC). This situation is very much common in the 

tropical climatic region where the recorded temperature varies from 25 ºC to 35 ºC 

(Boonnasa et al., 2006). The favourable conditions for increasing the working capacity 

of a CCGT power generation plant are: the intake temperature of is decreased to 15ºC 
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(ISO) and the humidity (RH) is maintained to about 100% before the entrance in GT 

power plant compressor (Mohanty and Paloso, 1995). These conditions of GT power 

plant are commonly measured to check the efficiency and power generation capacity of 

the plant (Khaliq and Choudhary, 2007; Bassily, 2001). The operating limits mentioned 

above like pressure ratio, ambient temperature, air fuel ratio, turbine inlet temperature, 

compressor as well as turbine isentropic efficiency is continuously applied on 

performance of GT plant. However these are not forever positively activated in the 

turbine, these parameters should be properly controlled so that performance of gas 

turbine can be maintained accordingly (Badran, 1999). An effective and accurate study 

must be carried out so as to maintain the parameters along with the working and 

capacity of the plant (Kolev et al., 2001). As per the required ISO conditions affecting 

performance of GT power plant, a roper strategy must be followed to achieve the 

maximum output.  

 

 

 

Figure 2.7: Effect of ambient temperature on gas turbine performance. 

 

The thermal efficiency of GT plant was continuously being developed for the 

previous 70 years by increasing the turbine inlet temperature. This increase was adopted 

by enhancing the technology of materials involved and different cooling methodologies 

of the blades (Sanjay et al., 2007; Bassily, 2008; Bassily, 2012). The enhanced version 
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was utilized of steam air cooling of metallic blades in CCGT power plants having the 

efficiency of about 60% (Sanjay, 2011; McDonald and Wilsont, 1996). Turbine inlet 

temperature was increased up to 1800 K for the advancement of huge GT plants 

(Siemens, 2010). Utilization of ceramics material in blades manufacturing and difficult 

cooling ways in small GT plants are in practice (Sanjay et al., 2008). The huge power 

generation from the plants is only because of the high turbine inlet temperatures 

(Ahmadi et al., 2011). 

 

The effects of different parameters on performance of GT plants were studied by 

Badran (1999) which are: combustion efficiency, turbine inlet temperature, pressure 

ratio, isentropic compressor and turbine efficiency. The values of the performance 

parameters had been calculated by using equations of the basic cycle with assuming 

thermodynamic properties at constant values. Arrieta and Lora (2005) had tried to 

evaluate the effect of ambient temperature on the performance of the CCGT plant. 

Additionally, the impact of the ambient temperature on the performance has also been 

considered during the design stage of the CCGT plant. Shi and Che (2007) had 

proposed that the CCGT plant worked on liquefied natural gas used as a fuel. The 

parametric study was implemented in the CCGT plant, in order to assess the impact of 

several parameters, such as the turbine inlet temperature, heating temperature of the fuel 

gas, pinch point, condenser pressure on the performance of the CCGT plant. The overall 

thermal efficiency has been increased by decreasing the condenser pressure at the 

constant turbine inlet temperature. Due to the reduction in fuel consumption, the heating 

temperature of the flue gas became the reason of higher thermal efficiency of the GT 

plant (Basha et al., 2012). According to Shi and Che (2007), due to higher turbine inlet 

temperature, the exhaust temperature of the HRSG became higher. Cetin (2006) had 

examined the process of thermodynamic analysis of the GT system. The performance of 

GT had been modelled and analysed by the effect of the parameters such as pressure 

ratio, turbine inlet temperature and isentropic compressor and turbine efficiency. In 

order to measure the system performance, the thermal efficiency and power output has 

been selected as a key indicator. The maximum cycle temperature that has been selected 

in the gas-turbine plant at full load and ISO conditions depends upon the ability of the 

material used in the plant. 
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The thermodynamic model has been suggested by Kurt et al. (2009), the model 

measured the performance of the ideal open GT cycle. During the open GT cycle, the 

effect of parameters has been investigated, such as ambient temperature, pressure ratio 

and turbine inlet temperature. Furthermore, it has been assumed that such factors must 

be constant, like an isentropic compressor and turbine efficiency, combustion efficiency 

and low heat value. The inductor of the performance of the GT cycle has been the fuel 

consumption, power output and thermal efficiency (De Sa and Al Zubaidy, 2011). It has 

been observed that the optimum thermal efficiency and power output happens at low 

ambient temperature and high turbine inlet temperature. 

 

2.5.2  Modification of Gas Turbine Cycle 

 

The two main features of GT power plant had become the reason of improving 

its performance, i.e. compactness and lightness (Poullikkas, 2005). The stationary 

turbines that had been used for power generation did not pass through this limitation 

(Sheikhbeigi and Ghofrani, 2007; Sayyaadi and Aminian, 2010). The GT had 

represented better generation system because the GT plants have been successfully 

performing as a heavy-duty plant to generate the electricity at large scale (GE Energy, 

2010). The engineers had discovered a lot of different strategies that could be used for 

the enhancing the performance of GT power plants (Chase, 2000). There are different 

types of methods that have been used in order to increase the net power of the GT 

plants. One of the important methods that had been used for enhancing the performance 

of the GT plants is “intercooler method” (Khaliq and Choudhary, 2006). This method 

had been used for reducing the air temperature between the different stages of the 

compressor, which is shown in Figure 2.8. Therefore, the power consumption of the 

compressor was reduced and temperature of the exiting air in the compressor at high 

pressure (Maria and Jinyue, 2005). The GT plant having the high pressure ratios have 

the ability to cool the air between the different stages of compressor, which have 

allowed in burning the extra fuel and by the use of intercooler method have increased 

the power generation (Al-Doori, 2011). The turbine inlet temperature became the reason 

of limiting factor on the burnt fuel. At the first stage of the turbine manufacturing from 

the superior materials depend on the requirements of provided blades, nozzle and the 
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physical limits (Canie`re et al., 2006). There is the need of development of the more 

advance technology of materials that leads to amend the physical restrictions. 

 

 

 

Figure 2.8: T-S diagram for gas turbine with intercooler. 

 

When the consumption power of the compressor has been decreased by using 

the intercooler, the thermal efficiency of the GT plant has been increased and in result 

the net power output could be increased (Lingen et al., 2011). The air which has been 

compressed in the low-pressure compressor for intermediate pressure, then the 

compressed air pass through the intercooler chamber in order to cool at a constant 

pressure. The cool air is going to a high-pressure compressor chamber in order to 

compress the air through high pressure, where the pressure has further risen, and then it 

is directed to pass through the combustion chamber and later to the expander turbine 

(Razak, 2007). It is possible to apply the intercooler multi stage compression (Law and 

Reddy, 2009). There are several studies (Saidi et al., 2002; Horlock, 2002; Bassily, 

2004; Hongguang et al., 2006; Al-Doori, 2011) that had been presented a parametric 

model of the GT with effect intercooler. Further, the effects on GT plant has been 

evaluated by these factors: the pressure ratio; ambient temperature; peak temperature 

ratio and effectiveness of the intercooler on the power output; and thermal efficiency 

(Horlock, 2002; Hongguang et al., 2006).  
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On the basis of the first law of thermodynamics, the GT with effect the 

intercooler is analyzed and improved the performances. The results from many studies 

revealed that there is a need of lowering input power for the given pressure ratio. 

However, when the intercooler had been used without re-heated system became a 

reason of dropping of the thermal efficiency at least for low pressure ratios (Bassily, 

2001; Chandraa et al., 2011). The reasons for decreasing the thermal efficiency, in the 

existing compressor the air temperature had been dropped and that had rewarded by 

boost the turbine inlet temperature (Sanjay, 2011). The rate of flow of air mass increases 

with the decrease in the air temperature entering into a high pressure compressor (HPC), 

then it boosts up the output power. Yadav and Jumhare, (2004) stated that the usage of 

intercooler in plant of GT, therefore, has significant impact to magnify the GT plant 

performance. Therefore, the power consumption was decreased of high pressure 

compressor. With the high effect of turbine inlet temperature, the low temperature of 

compressor discharged, to create satisfactory cooling to the blades of GT it needs to be 

cooled down (Sadeghi et al., 2006). 

 

The plants of GT are becoming the best plant for other power plants in future. It 

is all due to the reduced electricity cost, efficient conversion of fuel, provide their 

services in time, low maintenance cost, a huge range of consumption ability of 

hydrocarbon fuels and low installation cost (Farshi et al., 2008; Edris, 2010). The 

performance of GT can be judged with its output power, specific consumption of fuel, 

its work ratio and efficiency. The gases exhausted by these plants are relatively less 

harmful for the atmosphere and these are also useful for the district heating in power 

plants for combined heat and for preheating the required air before pushing it into 

combustion chamber as well (Najjar, 1997). In early 1990s the pressure ratio of General 

Electric was 13.5 and generated net power of 135.7 MW with 33% of thermal efficiency 

in simple cycle operation of GT (Jeffs, 2008). General Electric provides GT plant that 

used to achieve 39.5% thermal efficiency. It used a turbine inlet temperature of 1425 ºC 

for the production of 282 MW power (Horlock et al. 2003). The parameters that 

influence the performance of the GT plants are the compressor pressure ratio, the 

turbine inlet temperature (TIT) and the combustion inlet temperature (Saravanamuttoo 

et al., 2009). Different GT producers are apparently improving these factors (Cetin, 

2006; Kurt et al., 2009). Gas turbines mainly use air from the atmosphere straight. In the 
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meantime, other factors such as altitude, humidity, ambient temperature, and inlet and 

exhaust losses also disturb the performance of the GT plants. Whatever thing that would 

affect the density of the air or mass flow rate of the air intake to the compressor will 

alter its performance (Farzaneh-Gord and Deymi-Dashtebayaz, 2011).    

 

The exhaust gas in the GT power plant leaves the turbine at temperature as high 

as 500
0
C, whereas air leaves the compressor at a temperature as low as about 300

0
C 

(Ghazikhani et al., 2011). The transmission of the heat from the hot gases of the exhaust 

to the air that leaves the compressor at high-pressure via the heat exchanger, is known 

as recuperation or regenerator (Moran and Shapiro, 2008; Dellenback, 2002). The GT 

regenerators are shaped as shall and tubes heat exchanger. They have a small diameter, 

and the air inside these tubes have a high pressure and the exhaust gas low pressure in 

the numerous passes located at the external sides of the tubes (Sayyaadi and Aminian, 

2010; Hwang, et al., 2007). GT’s thermal efficiency increased with the use of the 

regenerative heat exchanger in the cycle. Regeneration was basically the cause of this 

upsurge. It was because the heat of the exhaust gasses which was previously squandered 

was now used to heat the air that moved in the combustion chamber (Bassily, 2001). 

This, as a result, decreases the consumption fuel required for the same power output of 

the GT (Kim and Ro, 2000). Only when the temperature of the air leaving the 

compressor is less than the temperature of the exhaust gasses leaving the turbine, then 

the use of regenerator is advised (Bannai et al., 2006). The heat flow will then reverse 

(to the exhaust gases) which decreases the performance. The GT comes across to such a 

status quo at very high-pressure ratios (Mahmoudi et al., 2009). 

    

The regenerator will also economize on the fuel with increased effectiveness by 

pre heating the air to higher temperature that goes inside the combustion chamber. This 

is shown in Figure 2.9 (Jonsson and Yan, 2005; Bassily, 2001). A larger regenerator on 

the other hand is required to gain higher effectiveness. It costs greater and also causes 

the pressure to drop so as to be condensed to the shaft power. The pressure drop has a 

high impact on the regenerator effectiveness; therefore on both the sides it should be 

kept low (Sayyaadi and Aminian, 2010).  In practice, the pressure drop of the air should 

be held less than 2% of the total pressure that has liquidated in the compressor 

(Dellenback, 2005; Bozza et al., 2005). Usually the regenerator effectiveness that is 
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used is less than 85% (Luciana et al., 2010).  The pressure ratio and the maximum to 

minimum temperatures determine the performance of the Brayton cycle with effect of 

the regeneration (Dellenback, 2002). At lower pressure ratios and high maximum to 

minimum temperatures ratios of the GT cycle is the regeneration most operational 

(Kumar et al., 2010). 

 

 

(a)                                                                    (b) 

 

Figure 2.9: The regenerative gas turbine cycle: a) schematic diagram b) T-S diagram.  

 

The idea of alternative regenerative GT plant was proposed by Facchini (1993). 

According to Khaliq and Choudhary (2006), the concept of alternative regenerative GT 

plant was introduced in relation to the advancement of regenerative GT power plant. 

The design performance analysis of the plant was done by Facchini and Sguanci (1994). 

In that analysis; it was observed that, at high pressure ratio, alternative regenerative GT 

can be altered into GT cycle. This transformation is essential to increase thermal 

efficiency. Cardu and Baica (2002) also examined the performance of GT cycle and 

placed alternative regenerative GT cycle prior to the regenerative GT cycle. In 

Figure 2.10; a comparison is been done between the temperature-entropy diagrams of 

alternative regenerative GT plant and the regenerative GT power plant. Same 

conclusion was drawn by Dellenback (2002) when he did performance and parametric 

analysis. But the results of such model are not trustworthy since it’s based upon 

constant properties. According to an experiment done by Dellenback, (2002) and 

Bassily(2001); if temperature is same then at optimum pressure ratio of 22,the 
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regenerative thermal efficiencies will be produced 50% and  at optimum pressure ratio 

of 50, normal GT will produce only 43.8%. On the other hand, it was suggested by 

Elmegaard and Qvale (2004) that alternative regenerative GT cycle is beneficial for a 

very restricted variety of design parameters. This analysis was based upon variable 

properties.  

 

 

              (a) Regenerative gas turbine                 (b) Alternative regenerative gas turbine 

 

Figure 2.10: Temperature-entropy diagrams of regenerative and alternative 

regenerative cycles 

 

Source: Kumar and Krishna, 2006. 

 

To generate electrical energy, the role of GT plants are very important and work 

has been done upon them since past 3 decades. New components can be added into a 

simple GT cycle to improve its performance. According to Sheikhbeigi and Ghofrani 

(2007), there are several methods to improve the performance of these GT cycles. Some 

research works include; the humid air turbine (Stecco et al., 1993), the regenerative 

cycle (Facchini, 1993), the steam injected GT cycle (De Paepe and Dick, 2000). The 

main aim of these reach works was to maximize thermal efficiency (Chandraa et al., 

2011). Saravanamuttoo et al. (2009) was able to find out that a component named as 

additional combustion chamber can be utilized for improving the performance of GT 

cycle.  This component is present between high-pressure and low-pressure turbines. In 

the GT cycle, the combustion process takes place at a higher air fuel ratio (Razak, 

2007). The gases that have been exhaled by higher pressure turbines have adequate 
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amount of oxygen in them. These gases enter into reheat combustion chamber and due 

to supplementary combustion process, the temperature increases. However, this 

reheating process increases the net work thereby decreasing thermal efficiency. This 

was not the case with simple GT cycle (Sarabchi, 2004). According to Crane (1998), if 

the pressure ratio of both high and low pressure turbines are kept equal, then it will 

result in maximum net work. Da Cunha Alves et al. (2001) came up with the idea of 

reheat and intercooler GT cycles includes it is losses to evaluate the performance of GT 

cycle. 

 

 

 

Figure 2.11: The schematic diagram regenerative, intercooler and reheat gas turbine 

power plant. 

 

The performance of GT plant is based on an ample design methodology and 

presented in number of studies (Harvey and Kane, 1997; Dellenback, 2002; Elmegaard 

and Qvale, 2004; Khaliq and Kaushik, 2004; Canie`re et al., 2006; Marx, 2007; 

Espatolero et al., 2010; Chandraa et al., 2011). The parametric study of a variety of 

present GT and its effect of regenerated, intercooled and reheated is shown in 

Figure 2.11 (Bhargava et al., 2005).  Keeping in view the design complications of GT, 

there has been used proposed design on only three GT. The modified performance of 

GT can be represented and compared in stage by stage analysis of the compressor and 

turbine section of the three modified GT (Kumar et al., 2010). The increase in cycle 

efficiency of 9% to 26% is used to measure high performance of modified GT plant by 

comparing its original values (Bhargava et al., 2005). The studies related to GT 

http://pia.sagepub.com/search?author1=K+Sarabchi&sortspec=date&submit=Submit
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computational thermodynamic analysis are used to measure performance of complex 

GT cycle by measuring parameters of pressure ratio, turbine inlet temperature and 

relative humidity. The indirect intercooled reheat regenerative GT with inlet air 

exaggerated as a result of indirect evaporative cooling and air evaporation after cooling 

of the discharge compressor. This is the whole process of complex GT cycle (Khaliq 

and Choudhary, 2006; Kumar et al., 2010). Pressure ratio, turbine inlet temperature and 

effect of humidity are relatively affected by power output and thermal efficiency. 

 

The parametric analysis of GT based on parameters of ambient temperature, 

turbine inlet temperature and comparative humidity performance and the six different 

shapes of GT were presented by Bassily (2001). The study based on the results of 

optimal increases of pressure ratio about 1.5 with increase in temperature of inlet 

turbine to 100K. Bassily (2004)  stimulation model based on the study of various 

parameters like the pressure ratio, ambient temperature, turbine inlet temperature, the 

effectiveness of the regenerated heat exchanger and ambient relative humidity which is 

used to evaluate the performance of all types of GT. The increase in the resultant 

capacity of the regenerative heat exchanger is directly proportional to the turbine inlet 

temperature. Thermal efficiency of GT cycle depends upon the increase the 

effectiveness of regenerated heat exchanger. The performance of simple GT cycle, 

number of advance GT cycles and equivalent CCGT cycles are extracted from optimum 

efficiencies and work out puts used in thermodynamic analysis by Ilett and Lawn 

(2010). However, it is found that performance of advanced CCGT cycles is 

comparatively better than the performance of simple GT cycle. The cost of electricity 

for heavy duty generation plant is found lower with the use of CCGT cycle along with 

other parameters of humid air turbine and steam injected cycles.  

 

2.6  COMBINED CYCLE GAS TURBINE POWER PLANT 

 

The increase in GT thermal efficiency by 17 % was shown in 60s of the last 

century along with the parameters of turbine inlet temperature at level of 815 ºC and 

pressure ratio of 7:1 (Boyce and Gonzalez, 2005). However, with the alarming increase 

in the cost of fuel turned GT companies to new resources of fuel to minimize the cost of 

operation in the period of 70’s. This has led to the classification of deterioration 
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mechanisms to measure the performance of GT plant (Williams, 1981). This has 

reinforced the introduction of industrial GT plant in 1980’s along with the installation 

process of CCGT power plant represented in Figure 2.12. The thermal power plants 

productivity increased to 42% (Zwebek and Pilidis, 2003), at the ending of the twentieth 

century due to the latest technologies. In recent time, it is possible to know that GT 

plant works with an efficiency of 45% and the turbine inlet temperature to be 1371 ºC 

(Boyce and Gonzalez, 2005). It was projected by Diakunchak (1991) that simple cycle 

GT operating on natural gas was working 8000h in a year with a yield of (46.5 MW) 

and suffering from a 3% reduction in annual power and 1% rise in heat rate. In a span of 

three years process, decrease in the performance of GT plant would result in a cost of 

1.5 million dollars (US) (Milstein and Tishler, 2011). 

 

 

 

Figure 2.12: Schematic diagram of the combined cycle power plant adopting a single-

pressure bottoming system. 

 

Numerous researchers (Bolland, 1991; Franco and Russo, 2002; Chiesa and 

Macchi, 2004; Kim, 2004; Naradasu et al., 2007; Ameri et al., 2008; Bassily, 2008a; 

Kehlhofer et al., 2009; Edris, 2010; Godoy et al., 2010; Haglind, 2011; Khaliq and 

Dincer, 2011) conducted studies on improving the model of combined cycle (CCGT) 

plants system by using Brayton cycle GT and Rankine cycle steam turbine (ST) with 

operating liquids air (gases) and water (steam) for achieving effective, dependable and 
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economic power generation. During 1990s, there was a fall in natural gas prices and the 

gas turbine technology improved (Meherwan and Boyce, 2002). The expansion and 

growth in industrial GT use is favored by using CCPP on a simple GT cycle. Thermal 

productivity of CCGT plants touched above 40% in 1983, after which General Electric 

(GE) productivity increased to 50% (Jeffs, E. 2008).  The overall thermal efficiency for 

commercially available generation CCGT plants was attained with 50-60% lesser heat 

value range at present (Darwish, 2000; Mitre et al., 2005). More development in simple 

cycle GT, metal surface chilling technology and high temperature exhausting material 

indicates a potential for nearby period of generating power for CCGT plants capable 

enough to touch more than 60% thermal efficiency of the plant (Chiesa and Macchi, 

2004; Xiaojun et al., 2010). Further enhancement in GT technology and rise in ST cycle 

temperature and pressure, HRSG stage design improvement is expected to attain 

additional CCGT plants productivity (Kaushika, 2011; CHIH, 2007). 

 

The blend of GT Brayton cycle and ST Rankine cycle are compatible to each 

other in a way so as to attain efficient CCGT power plants. Brayton cycle has a high 

source of temperature and discards the heat at the temperature that can easily be used by 

Rankine cycle plant as a source of energy. Air and steam are the most frequently 

operating liquids for CCGT power plants (Bouam, 2008). Kaushika, (2011) studied best 

performance of CCGT power plant; simulating and modelling the CCGT plant. The 

activities of GT was studied and debated at part load (Haglind, 2011). The CCGT plants 

represent the result of ambient temperature on sensitivity study and GT performance 

(Srinivas et al., 2008a; Boonnasa and Namprakai, 2008). The finest mixture of the 

parameter of procedure of steam exiting the steam generator gives best performance of 

CCGT plants at part load process. The best values of the overall thermal efficiency and 

output of power with the values of decision variable are demonstrated for CCGT plants 

(Sheikhbeigi and Ghofrani, 2007; Carapellucci and Milazzo, 2007). The emulator of 

CCGT co-generation plant was created by Khaliq and Kaushik (2004). The simulator is 

based on the computational model working on the principle of power plant modelling. 

This simulator comprises of two portions. One of the portions deals with the simulation 

of the flow of fluid within the power plant while the second portion shows the 

simulation of the regulating system of the plant (Sullerey and Ankur, 2006; Razak, 

2007).     
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Presently, the electric form of the power is the mostly widely used all over the 

world (Breeze, 2005; Nag, 2008). Therefore, it is imperative that the focus of the 

research should be on the importance of the power plants producing electric form of 

energy.  Amongst the various types of power plants, thermal power plants have the 

highest capacity to produce energy.  A lot of advancement has taken place in the past 

three decades in the combined cycle (CCGT) supported gas turbine and today they are 

regarded as the most effective and the strongest power plant throughout the world 

(Boyce, 2012; Ghazi et al., 2012). As a result of this, a series of solutions were 

developed to accomplish finest structure and to improve the working of the CCGT 

power plants (Koch et al., 2007; Martelli et al., 2012). According to Mohagheghi and 

Shayegan (2009), due to the connection of the two distinct power production cycles 

with HRSG the structure of the CCGT became very intricate and this directly affected 

the power generation and thermal productivity with no modification in the design. The 

CCGT plants use equipment (like gas turbines, steam turbines, compressors) whose 

features are standardized by the manufacturers. The components of the HRSG include 

economizer, superheated steam and the evaporator (Ganapathy, 1991). The HRSG 

structure and the choice of best variables are strongly influenced by the blend of the 

HRSG and the GT and this, in turn, strongly influences the steam cycle. Additionally, it 

has been suggested that the optimum variables that are associated with the steam turbine 

cycle may be highly affected by the performance and operating conditions of the steam 

turbines (Martelli et al., 2011). 

 

According to Alobaid et al. (2009), the first HRSG had been used in CCGT 

plants having the style at a single pressure level as shown in Figure 2.13. The practice 

of this specific solution is continued in current years when restricted to CCGT plants of 

medium power output in the range (60-70 MW) and occasionally in plants of size over 

100 MW. During the 1980s, the second pressure level termed as HRSG began. This has 

introduced a new development in industry that has led at the ending of the last century 

to the opening of systems with three pressure levels with reheated (Jericha et al., 1997; 

Bassily, 2007; Dumont and Heyen 2004). In order to further improve the performance 

of the CCGT, the researchers offer considerably attentiveness in the course of the 

HRSG. Besides this, to enhance the overall thermal efficiency of the CCGT; the 

consequence of a variety of factors on the drawing of the HRSG is investigated (Rovira 
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et al., 2010). Ongiro et al (1997) were studied the act of the HRSG for process 

restrictions and plan by developed an arithmetical technique. Dumont and Heyen (2004) 

premeditated that once-through HRSG design is preferably harmonized to extremely 

elevated pressure and temperature. The authors choose the thermodynamic model and 

implemented to consent with extraordinarily elevated pressure (up to 240 bars). 

 

 

 

Figure 2.13: Combined cycle gas turbine power plant 

 

Since many investigations were done on HRSG but the contrast of different 

types of HRSGs was not done in any search. Srinivas (2010) introduced optimization 

modelling of the double pressure reheated HRSG to attain greatest presentation of the 

CCGT, then compared model and validated with the available data. In addition to this, 

Sarabchi and Polley (1994) structured the thermodynamic optimized of a single-

pressure combined cycle. The functioning features of a triple-pressure reheat HRSG 

utilized Gate cycle software was evaluated by Shin et al. (2003). It has revealed that 

different performances of the HRSG are due to multiple configurations of the HRSG 

with result of deviation of the ambient temperature. Bassily (2008) for enhancing the 

overall thermal efficiency of the triple-pressure steam-reheat CCGT set, price 

optimization and evaluation are significant methods. Bassily (2007) arithmetically 

optimized and evaluated the double and triple-pressure CCGT plant. 
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The arithmetical cost optimization as well as the modelling of the triple-pressure 

reheat steam commercial CCGT plants was investigated by Bassily (2012). There is 

extraordinary research on optimizing and modelling of the CCGT plants for a number of 

configurations of HRSGs (Valdes and Rapun, 2001; Valdes et al., 2003; Casarosa et al., 

2004; Franco and Casarosa, 2004). Mohagheghi and Shayegan (2009) were developed a 

computer code to examine the efficiency for a variety of types of HRSGs single-

pressure, dual-pressure, dual-pressure with reheat, triple-pressure and triple-pressure 

with reheat, after that from the thermodynamics optimization of the HRSG, got high 

rate of generating power in a steam cycle. The modelling of HRSG was formerly based 

on successive equation solving and chronological methodology but this was the time 

taking and non-comprehensive methods (Ganapathy, 1991). A computer programme 

was made due to this reason, which is able to produce the equations so that the 

functioning of the HRSG can be estimated (Mohagheghi and Shayegan, 2009). Arrieta 

and Silva Lora (2005) premeditated a multiple-shaft configuration and gathered two 

Siemens AG 501F GT, attached to triple pressure reheated with accompanying steam 

turbine and supplementary firing HRSGs. With the utilization of Gate-cycle software, 

the thermodynamic simulation got fine outcomes. 

 

Additionally, the outcomes reveal that the overall power output and thermal 

efficiency have an impact of additional firing and they also show variations in the 

ambient temperature. Taking into account the operational manner of CCGT power 

plants it appears how about one-thirds of the whole power is generated by the ST cycle 

and two-third by the GT cycle, due to this, the orientation value of the power production 

of the gas turbine is of 200 MW when the ST cycle generated about 100 MW (Franco 

and Russo, 2002; Carapellucci and Milazzo, 2007). Most of the plants installed the 

outlet temperature of the exhaust gases as of the GT was around 850 K (Mohagheghi 

and Shayegan, 2009; Espatolero et al., 2010; Edris, 2010), while the highest HRSG 

pressure was between 120 to 165 bars. 

 

The utilization of natural gas as a fuel for electric generation units allowing for 

its price is justified, by well-organized installations, which are traditional of CCGT 

plants (Singh et al., 2011). Clear troubles are highlighted in such types of power plant 

units (Pihl et al., 2010). The chief element of the HRSG, ST and CCGT were functional 
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based on the ISO conditions (Kehlhofer et al., 2009). The alterations in the ambient 

conditions are due to such features (Gnanapragasam et al., 2009) and the reason for this 

is that the GT function has an impact of the ambient circumstances; where above 60% 

of the overall output is produced. The main purpose of the new drawing of the CCGT is 

to improve the mechanical act (Kotowicz and Bartela, 2010). By recognizing methods 

to choose improved utilize the parameters and accessible resources, the thermodynamic 

optimization reduces expenditure and enhances the thermal efficiency (Franco and 

Casarosa, 2004). Many strategies that begin with maximization of the plant thermal 

efficiency and finish with recommended plant uniqueness in detail were given in the 

literature for enhancing the performance of the power plants (Bracco and Siri, 2010). At 

present, the sophisticated CCGT power plants utilizing supplementary firing, triple 

pressure, reheat steam, and have turbine exhaust temperature around 920K, the general 

thermal efficiency achieved up to 58% of this cycle (Horlock, 1995; Dechamps, 1998). 

On the other hand, the electric manufacturers firms tried to attain efficiency of 60% 

(Chase, 2000). 

 

At the CCGT power plant, the high demand for energy resulted in low 

consumption of the fuel is required (Khaliq et al., 2012). The CCGT power plant needs 

to improve it functioning. There is a need of developing a new approach for 

optimization to achieve optimum thermal efficiency and power output (Ahmadi et al., 

2011). All the electric manufacture companies targeted at increasing the thermal 

efficiency of the CCGT power plant by more than 60%. This was to be done by 

increasing the turbine inlet temperature of the GT plant, (Chiesa and Macchi, 2004). 

Godoy et al. (2011) insisted on the optimization of HRSG as the strategy analysis of the 

CCGT plant. Franco and Russo (2002) intended to expand the performance of the 

CCGT plant by suitable considerations using the same expertise. There was another 

method which was reliant on making the thermo-economic and thermodynamic analysis 

of the HRSG system (Ganapathy, 2003). It was applied on various configurations of the 

HRSG in the commercial plants. The results of the thermodynamic and thermo-

economic investigation led to a prominent upsurge of the CCGT productivity that extent 

the thermal efficiency to 60% (Chiesa and Macchi, 2004).  This reason of this escalation 

was decline of the pinch-points and rise in the heat transfer surface area. 
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There are a number of studies (Reddy et al., 2002; Franco and Russo, 2002; Shin 

et al., 2003; Dumont and Heyen, 2004; Bassily, 2007; Polyzakis et al., 2008; Srinivas et 

al., 2008a; Alobaid et al., 2009; Carapellucci, 2009; Mohagheghi and Shayegan, 2009; 

Martelli et al., 2011; Bassily, 2012) who have shown optimization approaches for 

defining and associating the consequence of GT configurations on the CCGT plant 

(simple, intercooled, reheated-intercooled, and reheated). The CCGT plant that was 

projected was produced about 300MW. To be used with single pressure CCGT plants, 

the reheated GT, as a result was more suitable. It was because the temperature of the GT 

exhaust was high. It led to a rise in the thermal efficiency of the ST cycle (Leo et al., 

2003; Rovira et al., 2011). It was afterwards very evidently noticed that an increase in 

the thermal efficiency of the CCGT with preferred ideal GT cycle (Polyzakis et al., 

2008).  The efficiencies of the CCGT plant up to 60%, at the existing day, are long-

established as the state of the art by the leading manufacturers (Chiesa and Macchi, 

2004; Graus and Worrel, 2009). Special options were in addition offered to enhance the 

thermal efficacies more than 60% (Espatolero et al., 2010; Tiwari et al., 2010). Also, the 

implementation of CCGT with efficiency of 60% is technically conceivable for the 

manufacturers of power production (for example, GE H-technology) (Woudstra et al., 

2010). Moreover, CCGT has emphasized mainly on progressive GT design which has 

led to increased turbine inlet temperature of the GT and exhaust gas temperature 

(Jonsson and Yan, 2005; Woudstra et al., 2010). It is true, that by the end of the first 

decade of the twenty-first century, CCGT plants have achieved a breakthrough in its 

expansion. Since the world environment is very multifaceted and electricity is what we 

mostly need, the question that gets to our feet is that how clean and safe energy can be 

obtained from green environment?   

 

A swift headway has been perceived for the GT as a standing discipline for 

electrical power generation with high capacities such as 350 MW from single unit, in 

the preceding 40 years (Siemens, 2010). For peak load duties, it is easier on the pocket 

because it has low cost, is reliable and flexible in operation (starts quick and does not 

have the problem of heat storage). The GT had got great consideration with the 

development in CCGT power plant technology (Poullikkas, 2005; Saravanamuttoo et 

al., 2009). The GT plants have come to play a substantial part in the distributed energy 

systems due to its multi-fuel capability, compact size, and low environmental effect and 
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reduced cost. Nonetheless, the low electrical efficiency, typically about 30% (LHV) is a 

significant barrier for the success of GT competing to reciprocate internal-combustion 

engine at equal power output (Zadpoor and Golshan, 2006; Sullerey and Ankur, 2006). 

The industry had got the much improvement in the GT plants for gradually gaining the 

thermal efficiency of energy conversion from fuel to mechanical and electrical power. 

Any car owner will recognize that the productivity of car engines has improved 

significantly in the last 35 years. Similarly, the thermal efficiency of the GT has also 

been better (Jeffs, E. 2008). The initial models of the GT in 1970 had efficiencies of 

almost 25%. The big GT plants, which generated electric power more than 250 MW, 

established in existing CCGT plants are at about 37% and the efficiency of the up-to-

date models are closer to 40% and power output 375MW which is greater than the old 

ones (Siemens, 2011). 

 

Several industries entail power has been extensively used in the gas turbines and 

in this circumstance are often related to as GT power plants. The power has been used 

to generate electricity in power plants and this electricity impels the equipment, for 

example process compressors and pumps (Basrawi, et al., 2011). Furthermore, the GT 

plants have been used comprehensively in aircraft industry and in this case are often 

mentioned to as naval gas turbines (Al-Sayed, 2008). In any of this utilization, the 

efficiency related to GT is the output that has been strongly affected the profitability of 

the business. The GT plants often have to function for lengthened phases at conditions 

that do not approve to their planned situations (Sadrameli and Goswami, 2007; 

Ghazikhani et al., 2011). Therefore, in order to understand the efficiency of GT power 

plants at such working conditions is mostly significant, exclusively in a deregulated 

market. The relationship between the energy utilization and economic growth matters 

significantly in the current world (Valdes et al., 2004; Avval et al, 2011). By improving 

the efficiency of a power plant, includes the joining optimization of disciplines and 

capacities required to achieve an operationally competitive GT power plant (Srinivas et 

al., 2008b; EL-Naggar et al., 2009). Definitely, the design and the efficiency of the 

specific plant components identified the combustors, turbine and compressors (Walsh 

and Fletcher, 2004). 
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The CCGT plants expansion at the present time is the outcome of decisions 

taken by political government from more than 30 years ago (Jeffs, 2008). The numerous 

countries has taken the oil out of power generation due to the 1973 oil crisis, as well as 

improvements in the environmental awareness, which has been in the settings of CCGT 

plant's progress (Jeffs, 2008). The CCGT plants considered to be the most resourceful 

technology of energy alteration and the utmost desired choice to fulfil the rise of electric 

energy demand in the world (Dechamps, 1998). Under ISO conditions, the significant 

goal for all the heavy-duty GT manufacture has been attained the overall thermal 

efficiency up to 60% of the CCGT plants (Jeffs, 2008). The progress in the performance 

was a function to improve both costs and productions. In order to attain the higher 

overall thermal performance of the CCGT requires optimization the whole plant, 

comprising GT, HRSG and ST (Breeze, 2011). Among of these three components, 

nonetheless, the efficiency of the GT plant derives into opinion that the mean key to 

transfer the performance onward to 60% and further more. 

 

The thermodynamic performance of the GT plant has been influenced by the 

pressure and temperature of the functioning gas (Bartnik and Buryn, 2011). By rising 

the temperature, pressure or both has been used to raise the thermal performance. The 

compressor has been used to supply the functioning gases at high pressure in the 

expansion turbine inlet and this leads to high thermal efficiency. Many companies that 

manufacture the GT plant and CCGT plant have been targeting to raise the general 

thermal efficiency up to 60% level. As a result, the General Electric Company (GE) had 

enlarged the pressure ratio up to 23:1 (GE, 2012). However, Mitsubishi Heavy 

Industries Company (MHI) used the similar pressure ratio. But, the turbine inlet 

temperature became greater than the GE; due to this the complete thermal efficiency has 

been increased to 61% of the CCGT plant (MHI, 2011). The model introduced by 

Siemens Company named as SGT5-8000H had a pressure ratio of 18.2, slightly greater 

than its own SGT5-4000F model (Siemens, 2007; Andersson et al., 2010). At the same 

time, the gas turbines introduced by ALSTOM Company have been functioned since the 

mid-1990s with a pressure ratio of almost 30:1. However, currently this company had 

created a new model named as KA24 with pressure ratio of about 35.4:1, that yields 

more than 700 MW power and overall thermal productivity more than 60% of the 

CCGT plant (Alstom, 2010). The combustion chamber has classified the turbine inlet 

http://www.mhi.co.jp/en/
http://www.mhi.co.jp/en/
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temperature, thus, any adjustment in this temperature can influence on the thermal 

efficiency (Yang et al., 2009; Ghazikhani et al., 2011). Whereas, the increase of the 

firing temperature has been a strong influence on the thermal efficiency as compared to 

other modifications, the designs of the combustors had been tended to alleviate and 

entirely the leading companies those manufacture the gas turbines now has established 

designs, from which they accomplish across the wide ranges of their turbine. 

 

The expansion turbine considered to be a key section where the maximum 

increases in the thermal performance have been estimated to be made, although the 

benefits, and became more challenging to get. The simulation software and code design 

have controlled to optimum profiles of the blade of the turbine in order to raise the 

maximum thermal performance (Bertini et al., 2011; Martelli et al., 2012). 

Consequently, the designers are required the development of single point, which can be 

exploited, for turbine inlet temperature. After the thermodynamic efficiency of the GT 

plant has been a function of the temperature fall through the expansion turbine. 

Therefore, by increasing the turbine inlet temperature have to be the reasons of the rise 

in the thermal performance (Bassily, 2012). The General Electric Company (GE) had 

manufactured a joint power plant has overall thermal efficiency of almost 60% and 

turbine inlet temperature of almost 1770 K (GE, 2012). On the other hand, the gas 

turbine introduced by the Siemens’ company had turbine inlet temperature of almost 

1870 K, and overall thermal efficiency attains more than 60% (Siemens, 2007; Siemens, 

2010). Consequently, the MHI had manufactured the J-series turbine and brags by 

attaining the turbine inlet temperature of about 1870 K. This engine nowadays has been 

tested in Japan with overall thermal efficiency of almost 61% (MHI, 2011). The many 

researchers have been making effort and the manufacturing companies for high-

efficiency GT plant development has been in a potential to produce the technology that 

raise the turbine inlet temperature of about 2000K and the overall thermal efficiency of 

the CCGT plant about 62 to 65%.  

 

The consideration for the improvements of CCGT power plants in the last 

decades indicates that the larger overall thermal efficiency has raised practical along 

with the different energy systems (Carapellucci, 2009). Moreover, the increase in the 

thermal efficiency has determined a growth in the size (Chiesa and Macchi, 2004; 



40 
 

Carapellucci and Milazzo, 2007). In order to obtain a higher level of efficiency in 

CCGT of 64%-65% due to improvements in the design of GT technology (i.e. higher 

pressure ratio, turbine inlet temperature and ambient condition), HRSG  and its 

optimization (i.e., use of parallel flow heat exchange sections). The utilization of 

advanced configurations for thermodynamic plant such as reheat cycle, regenerative 

cycle and intercooler cycle, need to be made (Srinivas et al., 2008a; Mansouri et al., 

2012). According to Franco (2011), the improvements in the GT technology have been 

seen to be highly effective for increasing the thermal efficiency as depicted in 

Figure 2.14. The analysis work of the researchers on the three separate methods focused 

on not only increasing the efficiency of the CCGT power plants but also its operational 

flexibility.  

 

 

 

Figure 2.14: Combined cycle performance as a function of pressure ratio and turbine 

inlet temperature. 

 

Source: Franco (2011) 

 

For the performance investigation, thermodynamic methodology was used for 

the combustion reheat GT cogeneration system through which the energetic efficiency 

was defined (Khaliq and Kaushik, 2004). In addition to this, the effects of pinch point, 

steam pressure and temperature were evaluated on the CCGT plant’s thermal efficiency 

that was used in the HRSG design and reheat section. Woudstra et al. (2010), provides 
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evidence from these results that the power to heat ratio increases and thermal efficiency 

decreases as the temperature of pinch point increases. When the reheat section is 

included, results prove that significant improvement are seen in the heat production, 

power output, thermal efficiency and fuel saving (Kong et al., 2005; Aklilu and Gilani, 

2010). The thermodynamic methodology for measuring the CCGT power plant’s 

performance is vital during the selection and comparison of the combined cycle power 

production systems (Carapellucci, 2009; Bianchi, 2005). The thermodynamic analysis 

was implemented by Atmaca (2011) on the natural gas’s basic cycle in combination 

with cogeneration plant which showed that the energy usage factors and overall thermal 

efficiency decreased as the power to heat ratio increased.  

 

By replacing the GT unit with the unit of recuperated reheat gas turbine, Bassily 

(2008a) applied a regular triple-pressure on reheated CCGT. Thus a model of regular 

cycle with recuperation gas turbine and reheat gas turbine was created. The impact of 

the different temperatures of turbine inlet on the CCGT cycle’s performance was 

analysed and discussed. In addition to this, Bassily (2008a) said that the results showed 

that the CCGT performed higher in efficiency as well as 3.5% higher in total work as 

compared to the regular GT reheat cycle with an efficiency of 3.3%-3.6% and 22%-26% 

total work when it is compared to a regular cycle. When using the steam-air, the cooling 

of GT plant utilises less air. Thus, according to Sanjay et al. (2007) and Najjar et al. 

(2004), the power output and combustion air increases significantly. In order to improve 

the CCGT plants’ overall performance, steam air cooling and optimisation methods 

have proved to be useful (Sanjay et al. 2008). According to Bassily (2012), the GE 

Stage 107H and Mitsubishi M501H were optimised as a commercial triple-pressure 

with reheat CCGT plants in combination with operating condition as depicted in the 

Figure 2.15. Pressure ratio, stack temperature and cooling steam ratio are set as 

limitations on the operation conditions. According to Bassily (2012), the overall thermal 

efficiency and power output of the GT cycle were optimised at varying temperature 

values of turbine inlet which showed that the CCGT plants performed better at 400MW 

causing an annual saving of $29.2 million (Bassily, 2012).  
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Figure 2.15: A schematic diagram of the triple-pressure reheat steam-air cooled GT 

combined cycle (Regular 107H Cycle). 

 

Source: Bassily (2012) 

 

2.8  SUMMARY 

  

The performance progress of the GT and CCGT power plants was reviewed in 

this chapter. As such, many anomalies were seen in the application of developed models 

for the performance evaluation of the power plants in regards with effective parameters 

and configurations. Classification of the developments made in modifications and 

strategies used for the performance improvement of GT and CCGT power plants were 

evaluated based on which the following conclusions were made:  
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1. In both simple and complex GT and CCGT cycles, the heat duty with pressure 

ratio of the plants decreases but it increases as the ambient temperature 

decreases and TIT increases. As a result, thermal efficiency increases. 

2. Pressure ratio, air fuel ratio, ambient temperature and isentropic efficiencies are 

the effective parameters that strongly affect the GT and CCGT power plants’ 

efficiency. 

3. As many models evaluate the fixed up cycle or performance analysis, there are 

only few models which consider variable plant configuration based on the 

energy analysis model.  

4. In an attempt to maximize the power plant, the technical parameters have been 

evaluated based on the optimization techniques.  

 

The power plant optimization focuses on peak performance as discussed in the 

literature review. The optimization methods proved to be suitable, robust and efficient 

for parallel computing and therefore no modification was required for a particular 

problem. Furthermore, the quantitative and qualitative recognitions for parameters are 

vital because it is required in the performance development of GT and CCGT plants. 

More issues such as these are discussed in the next chapter. 

 

 

 

 

 



 

 

 

 

 

CHAPTER 3 

 

 

METHODOLOGY 

 

 

3.1 INTRODUCTION 

 

The adopted methods in this study will be discussed in this chapter. Illustrations 

of GT and CCGT plant’s computational models will be presented. The performance of 

the simple GT has been evaluated by developing simulation codes and models while 

different parameters have been assessed through modifications or performance 

enhancing strategies. Multi-pressure HRSG configurations essentially the CCGT's 

performance will be estimated by the simulation model. This model will also evaluate 

the impact of performance enhancing strategies on the CCGT’s performance. Hence, the 

first law of thermodynamics was used as a basis for the development of a new 

methodology proposed by this research. Moreover, the real power plants will be used 

for validating simulation results. Simultaneously, optimization tools have been utilized 

for developing new configuration models for GT and CCGT. The influence of different 

ambient conditions and different operations together with the Artificial Neuro-Fuzzy 

Inference Systems (ANFIS) were the selected base for optimum performance. 

 

3.2 STRATEGY OF WORK FRAME  

 

Figure 3.1 describes the present study’s flowchart for the strategy framework. 

The power plant data, the combined cycle (CCGT) modelling and the gas turbine (GT) 

modelling are the three major implements shown. The results have been explained 

logically according to the above mentioned framework. The conclusions and 

suggestions for future studies present the summary for the results of this framework 

strategy. 
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Figure 3.1: Strategy of the work frame for the current research methodology 
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The first law of thermodynamics has been used as a basis for the suggested 

methodology. Essentially, the performance of the GT and CCGT plants will be 

evaluated by examining the influence of various ambient temperatures and energy 

analysis. Integrated strategies developed from different enhancing elements are used for 

constructing major models in order to improve the performance of GT and CCGT 

plants. Optimization of GT and CCGT plant performance and integrated simulation is 

provided by these strategies. Moreover, prediction of the correlation for the power 

output of GT and CCGT plants is done by performing statistical analysis. At the same 

time, in order to approximate the error measurement data from MARAFIQ CCGT 

plants, this correlation in error analysis will be used. The results of modelling and 

optimization will be validated with the performance of the actual plants.  

 

3.3 MODELLING OF A SIMPLE GAS TURBINE CYCLE  

 

Four components known as compressor, combustion chamber (CC), turbine and 

generator can be found in the GT power plants. Figure 3.2 shows the schematic diagram 

for a simple GT (Boyce, 2012). The compressors draw the air that is subsequently 

transmitted to the combustion chamber. A combustion process is utilized for increasing 

the temperature of compressed air through the use of natural gas fuel. The turbine is 

expanded by hot gases emitting from the combustion chamber.  Work is hence produced 

before being discharged into the atmosphere (refer to 1, 2, 3 and 4 in Figure 3.3) (Boyce 

and Gonzalez, 2007). For the success of a GT power plant, efficient compression of 

large air volume is vital (Soares, 2008). The axial flow compressor and the centrifugal 

compressor are the two main kinds of compressors (Bouam et al., 2008). In order to 

obtain adequate air through the diameter of the compressor, most of the power plants 

have design compressors. This has the ability to retain comparatively high efficiency 

and aerodynamic stability over the operating range together with minimum stages 

(Walsh and Fletcher, 2004; Basrawi et al., 2011). 
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Figure 3.2: Schematic diagram for simple GT cycle 

 

 

 

Figure 3.3:  Temperature-entropy diagram for simple GT cycle 
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Equation (3.1) defines the compressor pressure ratio (
pr ) (Al-Sayed, 2008): 

 

1

2

p

p
rp                                                                (3.1) 

where 1p  and 2p  denotes compressor inlet and outlet air pressure: 

  Equation (3.2) defines the isentropic efficiency for compressor and turbine lying 

in the range 85-90% (Boyce, 2012): 
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where T2s denotes isentropic temperature of outlet compressor, whereas compressor 

inlet and outlet air temperature are expressed by T1 and T2 respectively. Eq. (3.3) is used 

for calculating the outlet temperature of the compressor: 
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where 4.1a  and 33.1g  

  

Equation (3.4) demonstrates the calculation of the work of the compressor ( cW ) 

without taking into account blade cooling: 
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where m is the mechanical efficiency of the compressor and turbine while  
paC is the 

specific heat of air which can be fitted by Eq. (3.5) for the range of  200K<T<800K 

(Naradasu et al., 2007): 
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41037243 107632.3102399.4109843.113784.0100189.1 aaaapa TTTTC     (3.5) 

                             

where 
2

12 TT
Ta


  in Kelvin. 

 

Equation (3.6) demonstrates specific heat of flue gas (
pgC ) (Naradasu et al., 2007). 
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Equation (3.7) expresses the energy balance in the combustion chamber: 
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(3.7) 

 

where LHV is low heating value, 
pfC is specific heat of fuel, am  is air mass flow rate 

(kg/s), 
fT  is temperature of fuel, 

fm  is fuel mass flow rate (kg/s) and T3=TIT = turbine 

inlet temperature. Eq. (3.8) expresses the fuel-air ratio (f) after manipulating Eq. (3.7): 
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Equation (3.9) depicts the exhaust gases temperature from the gas turbine: 

 








































g

g

p

t

r

TIT






14

1
11T                                            (3.9)  

 

 

 

 

 



50 

 

Equation (3.10) depicts the shaft work ( tW ) of the turbine: 
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Equation (3.11) shows the calculation for the net work of the gas turbine (WGnet): 
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Equation (3.12) expresses the net power output of the turbine (P): 

 

Gnetg WmP                                                       (3.12) 

 

where the mass flow rate of the exhaust gases through the gas turbine is denoted by 
gm  

and Eq. (3.13) demonstrates this:  

 

fag mmm                                                      (3.13) 

 

Equation (3.14) below is used for determining the specific fuel consumption (SFC): 

 

netW

f
SFC

3600
                                                   (3.14) 

 

Equation (3.15) is another way of expressing the heat supplied: 
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Figure 3.4: Flow chart of simulation of performance process for simple GT cycle. 

 

Equation (3.16) can now be used for calculating the GT thermal efficiency ( th ) 

(Tiwari et al., 2010): 

 

add

Gnet

Q

W
th                                                        (3.16) 

 

 Figure 3.4 shows the flowchart of simulation of the performance process for a 

simple GT power plant: 
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3.4 MODIFICATIONS OF SIMPLE GAS TURBINE CYCLE  

 

In comparison with the diesel and steam turbine, the efficiency of the simple GT 

cycle is low. For improving GT performance, several modifications were incorporated 

as follows: 

 

3.4.1 Two-Shaft Gas Turbine 

 

 A compressor which compresses air adiabatically is present in the basic of a 

two-shaft GT modification (TGT). This air is transmitted to a combustion chamber 

where it is burned together with fuel. This combustion results in the maximum cycle 

temperature which occurs at state 3.  The resulting exhaust gases from this process are 

expanded adiabatically in the high pressure turbine (HPT). This happens partly due to 

the developed work in the high pressure turbine being utilized for rotating or driving the 

compressor. The GT generator is driven after the remainder is delivered to it (Najjar, 

1997). In order to facilitate the expansion of the gases back to the pressure at the 

compressor inlet, the additional turbine is utilized for driving the GT generator (power 

turbine) (Bathie, 1996; Najjar, 2000; Razak, 2007; Lazzaretto and Toffolo, 2008). 

Figure 3.5 illustrates the schematic diagram of two-shaft GT (Brooks, 2003). The low 

pressure turbine is coupled on a second shaft while the compressor is linked with the 

high pressure turbine shaft. The second shaft is mechanically separated from the first, 

consequently activating the GT plant (Kim et al., 2003). The second turbine is referred 

to as the power turbine whereas the first assembly is known as the gas generator (Edris, 

2010). 

 

The high pressure compressor and turbine rotor are mechanically separated from 

the low pressure (power turbine) rotor. The low-pressure turbine rotor is liked in an 

aerodynamic manner. Due to this unique feature, the power turbine can be operated at 

various rotational speeds. Moreover, according to Brookes (2003), it makes two shaft 

gas turbines ideal for variable speed applications. The dashed and the full line on the T-

S diagram in Figure 3.6 represent the ideal processes and actual processes respectively. 

Equations (3.17-3.19) explain these parameters in terms of temperature (Razak, 2007): 
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tHPTLPT                                                       (3.19) 

 

where t denotes the turbine efficiency and c compressor efficiency. The high and 

low-pressure turbine efficiency is represented by HPT and LPT   respectively. Eq. (3.20) 

presents the exhaust gases temperature from high-pressure gas turbine: 
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Figure 3.5: Schematic diagram of TGT cycle 

 

where TIT = T3, then T4s is denoted by Eq. (3.21) as follows: 

  

t

s

TTIT
TITT


4

4


                                                (3.21) 
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Figure 3.6: Temperature-Entropy diagram of TGT cycle 

 

Equation (3.22) below expresses the exhaust gases temperature from low gas turbine: 
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The isentropic temperature at exit a low-pressure turbine is denoted by ( sT5 ), Eq. 

(3.23) explains this as follows: 
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Equation (3.24) explains the net work: 

 

 54net TTCW pg                                                       (3.24) 
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The heat provided by the fuel is equivalent to the heat absorbed by air in the 

combustion chamber. Therefore: 

 

 4add TTITCQ pg                                                    (3.25) 

 

Equations (3.12-3.16) are used for calculating the power output, specific fuel 

consumption and thermal efficiency of the TGT cycle. 

 

3.4.2 Intercooled Gas Turbine 

 

The explanation provided by Al-Doori (2011) states that in the compressor, 

intercooling air first undergoes compression to some intermediate pressure. After this, 

the air is cooled to a lower temperature at constant pressure when it passes through an 

intercooler. Following from here, the pressure is further enhanced to the final pressure 

as it passes through the second stage of the GT’s compressor (Lingen et al., 2011). For a 

pre determined pressure ratio, these results in a reduced input work required (Sadeghi et 

al., 2006). A different physical arrangement is needed for obtaining the advantages of 

intercooling. This adds complexity to the design of the system (Tyagi et al., 2005). 

 

Power consumption for compression of air can be reduced by intercooling GT 

(IGT). Hence, the inlet temperature of the second compressor stage can be kept low. 

Moreover, the power consumed in a compressor is directly proportional to the inlet 

temperature for a pre determined pressure ratio (Saidi et al., 2002; Canie`re et al., 2006). 

The T-S diagram of the GT power plant with the intercooler is shown in Figure 3.7.  

The dashed line and the full line on the T-S diagram represent the ideal processes and 

actual processes respectively. The compressor is operating between the thermodynamic 

states 1 and 2 according to Figure 3.7. When the air is cooled from state 2 to 3, the 

required compressor power is decreased. Simultaneously, when the inlet temperature is 

reduced the net cycle power delivered is increased (Cengel and Boles, 2008). The block 

diagram of a single shaft GT plant with intercooler is illustrated in Figure 3.8. Air 

compressed in the first stage compressor enters an intercooler for cooling in this GT 

cycle (with an intercooler). For compression to required pressure, the cooled air enters 

the second stage of the compressor. Next, after being heated additionally to maximum 
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permissible temperature, the air is sent to a combustion chamber. This cycle’s work 

output is proportional to the temperature decrease in the turbine (Da Cunha et al., 1998; 

Bassily, 2004). The letters x , c  and t represent the effectiveness of intercooler ( heat 

exchanger), compressor efficiency and turbine efficiency respectively. Equations (3.26) 

and (3.27) express these parameters in terms of temperature (Al-Sayed 2008). 
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Figure 3.7: Temperature-Entropy diagram of IGT cycle. 
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The low and high-pressure compressor efficiency is denoted respectively by 
clp

and 
chp . Equation (3.28) defines the work required to run the compressor: 
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The formula mentioned below is used for obtaining the exhaust gases 

temperature of the turbine: 
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where (TIT) = T5 denotes the turbine inlet temperature 

 

 

 

Figure 3.8: Schematic diagram of IGT cycle. 
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Equation (3.30) also expresses the network: 
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The heat supplied by the fuel equals the heat absorbed by air in the combustion 

chamber. Equation (3.31) shows the calculation for heat supplied. 
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Equations (3.12) (3.14) and (3.16) are used for calculating the IGT cycle’s 

power output, specific fuel consumption and thermal efficiency respectively. 

 

3.4.3 Regenerative Gas Turbine 

 

The compresses air is preheated by exhaust gases through using regenerators, 

which can be described as a simple surface type heat exchanger (Sayyaadi and Aminian, 

2010). The amount of fuel reduces as a result of this process which when introduced 

into the combustor decreases the pressure ratio and increases the efficiency (Kopac and 

Hilalci, 2007). The introduction of a regenerator does not change the specific work 

output (Kim and Hwang, 2006; Lingen et al., 2011). Compact size, reduced costs and 

thermal efficiency somewhat similar to that of steam power plants is offered by the open 

cycle GT modification (SGT). However, thermal efficiency of power plants became of 

utmost importance after the oil crisis of the 1970s. In this respect, the CCGT plants 

formerly as existing steam power re-powering and later as especially constructed gas 

and steam turbine power plants became plant configurations that were commonly used 

(Elmegaard and Qvale, 2004; Nag, 2008; Jeffs, E. 2008).  Low efficiencies due to the 

emission of hot gases are associated with the GT plants operating in the SGT cycle. 

This energy is consequently, lost in the atmosphere (Heppenstall, 1998; Kurt et al., 

2009: De Sa and Al Zubaidy, 2011). For improving the SGT cycle or for transferring 
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energy to combined cycles, better performance can be ensured with advanced cycles 

that make use of the energy found in the turbine exhaust gases (McDonald and Wilson, 

1996; Mahmood and Mahdi, 2009).  

 

 

 

Figure 3.9: Schematic diagram of RGT cycle. 

 

A regenerative GT (RGT) cycle which is a single shaft turbine is presented 

under Figure 3.9. Commonly, the theory of the SGT cycle states the compression of air 

by the air compressor before transmission to a combustion chamber. This happens for 

the purpose of producing high temperature flue gas by ensuring amalgamation with fuel. 

The gas turbine, which is linked to the generator’s shaft for producing electricity, 

becomes the recipient of the high temperature flu gas (Kumar et al., 2007; Kopac and 

Hilalci, 2007). The production and supply of the required power for operating the 

compressor is the basic purpose of the single shaft which is in place for producing the 

net work output. In the RGT cycle, air is heated by the exhaust gases emitted from the 

turbine after entering a regenerator. After being exposed to additional heating to the 

maximum possible temperature, the pre heated air enters a combustion chamber. The 

temperature drop in the turbine and the net work output of the cycle are hence directly 

proportional (Dellenback, 2005). The T-S diagram for regenerative GT cycle is shown 

by Figure 3.10. The full line and the dashed line depict the actual and the ideal 
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processes respectively. This study considers the effectiveness of regenerator (heat 

exchanger) ( ), turbine efficiency ( t ) and the compressor efficiency ( c ). Equation 

3.32 explains these parameters in terms of temperature (Moran and Shapiro, 2008; Al-

Sayed 2008). 
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Equation (3.33) defines the work required for operating the compressor: 
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Figure 3.10: Temperature-Entropy diagram RGT cycle. 
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In addition, Eq. (3.34) can be used for calculating T5;  
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where (TIT) = T4 denotes the turbine inlet temperature 

 

As shown in Eq. (3.35), the energy balance for the regenerative heat exchanger 

can be used for calculating the temperature of the exhaust gases; 

 

pgg

paa

Cm

TTCm
TT

.

23

.

56

)( 
                                                (3.35) 

 

Equation (3.36) expresses the net work; 
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The heat supplied by the fuel equals the heat absorbed by air in the combustion 

chamber. Therefore, 
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Equations (3.12), (3.14) and (3.16) are used for calculating the power output, 

specific fuel consumption and thermal efficiency respectively. 
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3.4.4 Reheat Gas Turbine 

 

At some intermediate point, the reheating of gases back to the maximum cycle 

temperature helps in improving the performance of turbine works of the SGT cycle 

(Razak, 2007; Jeong et al., 2008; Chandra et al., 2009). The schematic diagram of a 

reheat GT (HGT) cycle is shown in Figure 3.11. Two separate turbine stages namely 

high and low-pressure turbines (HP&LP) can be used for performing reheating. The 

useful power output is produced by the LP turbine while the compressor is driven by the 

HP turbine. If the temperature of combustion gases at an inlet to this stage is increased, 

then improvements can be noticed in the work output of the LP turbine. The insertion of 

a second combustion chamber between HP and LP turbine stages for heating the gases 

emitted from the HP turbine can make such an improvement a possibility. The work of 

the compressor or the maximum limiting turbine inlet temperature is unchanged if the 

reheated gas is utilized for increasing the work output of the power turbine (Kopac and 

Hilalci, 2007; Khaliq and Kaushik, 2004; Jeong et al., 2008). The T-S diagram for 

reheated GT cycle is illustrated in Figure 3.12. The dashed line and full line represents 

the ideal and the actual processes respectively. 

 

 

 

Figure 3.11: Schematic diagram of HGT cycle 
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Figure 3.12: Temperature-Entropy diagram of HGT cycle. 

 

Equation (3.38) presents the high-pressure gas turbine’s exhaust temperature; 
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where (TIT) = T3 = T5 denotes the turbine inlet temperature. 

Equation (3.39) demonstrates the low-pressure gas turbine’s exhaust temperature; 
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Equation (3.40) expresses the net work of the gas turbine; 

 

 6TTITCW pgGnet                                                  (3.40) 

 

Equation (3.41) expresses the heat supplied to the combustion chamber of the 

gas turbine: 

 

    42 TTITTTITCQ pgadd                                         (3.41) 

 

 

Equations (3.12), (3.14) and (3.16) are used for calculating the HGT cycle’s 

power output, specific fuel consumption and thermal efficiency respectively. 

 

3.5 GAS TURBINE PERFORMANCE ENHANCING STRATEGIES 

 

By proposing an integrated strategy inclusive of all enhancing elements 

(modification), this thesis has in essence made a significant contribution with regards to 

the improvement of GT and CCGT plants’ performance. For the effect of operation 

parameters and ambient conditions on performance of a gas turbine whilst utilizing all 

enhancing elements like reheating, intercooler, regenerative and two-shaft, these 

strategies offer optimization tools and incorporated simulation. Different configuration 

of enhancing elements is utilized for demonstrating the influence on the total 

performance of a GT and CCGT plant, taking into account operation parameters and the 

ambient temperature. This is the main purpose of using these strategies. The results of 

the performance enhancing strategies (PES) are then used for validating the data of a 

real GT and CCGT performance. 

 

3.5.1 Intercooler-Two Shaft Gas Turbine 

 

The work of the turbine is increased and the compressor work decreased by 

using double modification intercooler and two-shaft turbine. A simple GT cycle 

experiences substantial improvement by this (Bassily, 2001; Bassily, 2004; Khaliq and 

Choudhary, 2006; Chandraa et al., 2011). Figure 3.13 and 3.14 demonstrate the 



65 

 

schematic diagram and temperature entropy diagram for the intercooler and two shafts 

turbine. A low-pressure compressor, intercooler, high-pressure compressor, combustion 

chamber, high-pressure turbine, and low-pressure turbine are incorporated under the 

ITGT strategy (Sarabchi, 2004).  

 

 

 

Figure 3.14: Schematic diagram of ITGT cycle. 

 

 

 

Figure 3.13: Temperature-Entropy diagram of ITGT cycle. 

http://pia.sagepub.com/search?author1=K+Sarabchi&sortspec=date&submit=Submit
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Equation (3.42) describes the high-pressure compressor’s air exhaust 

temperature. 
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Equation (3.43) expresses the exhaust gases temperature of the high-pressure turbine. 

 

 

mpg

c

p

c

p

pa

C

r
x

r
TC

TITT

a

a

a

a









































































1
12

1

11

1

6                           (3.43) 

 

where TIT = T5. 

 

Equation (3.44) defines the isentropic temperature sT6  at the exit of high-

pressure turbine; 
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Equation (3.45) defines the isentropic temperature sT7  at the exit of high-

pressure turbine; 
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Equation (3.46) defines the low-pressure turbine’s exhaust gases temperature: 
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Equation (3.47) expresses the cycle’s network; 

 

 76 TTCW pgGnet                                                (3.47) 

 

Equation (3.48) expresses the heat supplied: 
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Equations (3.12), (3.14) and (3.16) evaluate the ITGT cycle’s power output, 

specific fuel consumption and thermal efficiency respectively. 

 

3.5.2 Regenerative-Two Shafts Gas Turbine 

 

By increasing the work of turbine and decreasing the exhaust gases temperature, 

a simple GT cycle (SGT) can be improved through the double modifications of 

regenerative and two-shaft turbines (Facchini, 1993; Najjar, 1996; Sayyaadi and 

Aminian, 2010; Kumar et al., 2010). Figure 3.15 and 3.16 demonstrate the schematic 

diagram and temperature-entropy diagram for the regenerative-two shafts gas turbine 

(RTGT). A compressor, combustion chamber, high-pressure turbine, low-pressure 

turbine and regenerative are incorporated in the RTGT strategy. 
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Figure 3.15: Schematic diagram of RSGT cycle. 

 

 

 

Figure 3.16: Temperature-Entropy diagram of RTGT cycle. 
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Equation (3.49) expresses the exhaust gases temperature of the high pressure turbine; 
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where TIT = T4   

 

 Equation (3.50) defines the isentropic temperature sT5  at the exit of high-

pressure turbine; 
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 Equation (3.51) defines the isentropic temperature sT6  at the exit of low-

pressure turbine; 
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Equation (3.52) expresses the exhaust gases temperature of the low-pressure turbine; 
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Equation (3.53) expresses the regenerative heat exchanger’s air exhaust temperature; 

 

 2623 TTTT                                                  (3.53) 

 

 Equation (3.54) shows the calculation of the exhaust temperature by taking into 

account energy and mass balance for the regenerative; 
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Equation (3.55) expresses the work net of the RTGT: 

 

 65 TTCW pgGnet 
                                          

 (3.55) 

 

Equation (3.46) expresses the heat supplied for the RTGT: 

 

 3TTITCQ pgadd 
                                       

 (3.56) 

 

Equations (3.12), (3.14) and (3.16) are used for estimating the power output, 

specific fuel consumption and thermal efficiency of the RTGT cycle respectively. 

 

3.5.3 Intercooler-Regenerative Gas Turbine 

 

A low-pressure compressor, intercooler, high-pressure compressor, combustion 

chamber, turbine and regenerative is incorporated in the intercooler regenerative GT 

(IRGT) strategy (McDonald and Wilson, 1996; Elmegaard and Qvale, 2004; Kopac and 

Hilalci, 2007). Figure 3.17 and 3.18 show the schematic diagram and temperature-

entropy diagram for the intercooler-regenerative gas turbine (IRGT). Intercooling and 

regenerative are used to improve SGT cycle power output and efficiency. 

Equation (3.57) expresses the air exhaust temperature of the high-pressure compressor. 
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Figure 3.17: Schematic diagram of IRGT cycle 

 

 

 

Figure 3.18: Temperature-Entropy diagram of IRGT cycle 
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Equation (3.58) expresses the air exhaust temperature of the regenerative heat 

exchanger for IRGT; 
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where TIT = T6   

 

Equation (3.59) expresses the exhaust gases temperature of the turbine; 
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 As Eq. (3.60) depicts, the exhaust temperature from the IRGT cycle can be 

calculated by using energy and mass balance for the regenerative: 
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Equation (3.61) expresses the work net of the IRGT cycle: 

 

 7TTITCW pgGnet 
                                          

 (3.61) 

 

Equation (3.62) expresses the heat supplied for the IRGT cycle: 

 

 5TTITCQ pgadd 
                                          

 (3.62) 

   

Equations (3.12), (3.14) and (3.16) are used for calculating the power output, 

specific fuel consumption and thermal efficiency of the IRGT cycle. 
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3.5.4 Intercooler-Reheat Gas Turbine 

 

By increasing the work of turbine and decreasing the work of the compressor, 

the power output of the SGT can be improved through the utilization of the intercooler 

and reheated modifications (Da Cunha Alves et al., 2001; Canie`re et al., 2006; Chih, 

2007; Chen et al., 2009). Figure 3.19 and 3.20 show the schematic diagram and 

temperature-entropy diagram for the intercooler-reheated GT (IHGT) strategy. A low-

pressure compressor, intercooler, high-pressure compressor, combustion chamber, high-

pressure turbine, additional combustion chamber and low-pressure turbine are 

incorporated in the intercooler reheat gas turbine strategy. 

 

 

 

Figure 3.19: Schematic diagram of IHGT cycle 

 

 

 

Figure 3.20: Temperature-Entropy diagram of IHGT cycle: 

http://pia.sagepub.com/search?author1=M.+A.+da+Cunha+Alves&sortspec=date&submit=Submit
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Equation (3.63) expresses the exhaust gases temperature of the high pressure turbine: 
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where TIT = T5 = T7    

 

 Equation (3.64) defines the isentropic temperature sT6  at the exit of high-

pressure turbine; 
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 Equation (3.65) defines the isentropic temperature sT8  at the exit of low-pressure 

turbine; 
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Equation (3.66) expresses the exhaust gases temperature of the low-pressure turbine; 

 

 st TTITTITT 88                                               (3.66) 

 

Equation (3.67) expresses the work net of the IHGT cycle; 

 

 8TTITCW pgGnet 
                                             

 (3.67) 

 

Equation (3.68) expresses the heat supplied for the IHGT cycle; 



75 

 

 

 
 
 

 64 TTIT
mm

mmmC
TTITCQ

fa

fadfapg

pgadd 








                     (3.68) 

 

where the equation 3.69 expresses the additional fuel burning the second combustion 

chamber and is equal to fadm . 

 

 

  

 TITCLHV

TTITmmC
m

pgcomb

fapg

fad







6


                                     (3.69) 

 

Equations (3.12), (3.14) and (3.16) are used for calculating the IHGT cycle’s 

power output, specific fuel consumption and thermal efficiency respectively. 

 

3.5.5 Regenerative-Reheat Gas Turbine Strategy 

 

A compressor, intercooler, combustion chamber, high-pressure turbine, 

additional combustion chamber, low-pressure turbine and regenerator are incorporated 

under the regenerative reheat GT (RHGT) strategy. Figure 3.21 and 3.22 demonstrate 

the schematic diagram and temperature entropy diagram for the RHGT. Temperature is 

reduced for increasing the work net of the gas turbine and decreasing the losses 

associated with the exhaust gases (Dellenback, 2002; Razak, 2007; Sheikhbeigi and 

Ghofrani, 2007; Bassily, 2008a; Sayyaadi and Mehrabipour, 2012). Equation (3.70) 

expresses the exhaust gases temperature of the high-pressure turbine. 
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where TIT = T4 = T6  
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Figure 3.21: Schematic diagram of RHGT cycle 

 

 

 

 

Figure 3.22: Temperature-Entropy diagram of RHGT cycle 
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Equation (3.71) defines the isentropic temperature sT5  at the exit of high-pressure 

turbine: 
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 Equation (3.72) defines the isentropic temperature sT7  at the exit of low-

pressure turbine; 
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Equation (3.73) expresses the exhaust gases temperature of the low-pressure turbine; 

 

 st TTITTITT 77                                                 (3.73) 

 

Equation (3.74) expresses the temperature of exhaust air from the regenerative 

heat exchanger; 

 

 2723 TTTT                                                    (3.74) 

 

 As shown in Eq. (3.75), the exhaust temperature from the IRGT cycle can be 

calculating by using the energy and mass balance for the regenerative: 
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Equation (3.76) expresses the net work of the RHGT: 

 

 7TTITCW pgGnet                                                 (3.76) 
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Equation (3.77) expresses the heat added for the RHGT cycle: 

 

   53 TTITCTTITCQ pgpgadd                                   (3.77) 

 

Equations (3.12), (3.14) and (3.16) are used for calculating the power output, 

specific fuel consumption and thermal efficiency of the RHGT cycle: 

 

3.5.6 Intercooler-Regenerative-Two-Shaft Gas Turbine 

 

 By increasing the work of the turbine and decreasing the exhaust gases 

temperature, the performance of the SGT can be improved through the utilization of the 

intercooler, regenerative and two shaft turbine  (Bassily, 2001; Razak, 2007; Kumar, 

2010). Figure 3.23 and 3.24 shows the schematic diagram and temperature entropy 

diagram for the intercooler-regenerative-two-shaft gas turbine (IRHGT). A low-pressure 

compressor, intercooler, high-pressure compressor, combustion chamber, high-pressure 

turbine, low-pressure turbine and regenerative are incorporated under the IRHGT 

strategy.  

 

Equation (3.78) expresses the exhaust gases temperature of the high-pressure turbine: 
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 Equation (3.79) defines the isentropic temperature sT7  at the exit of high-

pressure turbine: 
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Figure 3.23: Schematic diagram of IRTGT cycle 

 

 

 

Figure 3.24: Temperature-Entropy diagram of IRTGT cycle 
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Equation (3.80) defines the isentropic temperature sT8  at the exit of low-pressure 

turbine; 
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Equation (3.81) expresses the exhaust gases temperature of the low-pressure turbine; 

  

 st TTTT 8778                                              (3.81) 

 

Equation (3.82) expresses the temperature of exhaust air from the regenerative 

heat exchanger: 

 

 4845 TTTT                                               (3.82) 

 

 As Eq. (3.38) depicts, the exhaust temperature from the IRGT cycle can be 

calculated by applying the energy and mass balance: 
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Equation (3.84) expresses the net work of the IRTGT cycle: 

 

  87 TTCW pgGnet                                                  (3.84) 

 

Equation (3.85) expresses the heat added for the IRTGT cycle: 

 

 5TTITCQ pgadd                                                 (3.85) 

 

Equations (3.12), (3.14) and (3.16) are used for calculating the power output, 

specific fuel consumption and thermal efficiency of the IRTGT cycle. 
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3.5.7 Intercooler-Regenerative-Reheat Gas Turbine 

 

When the work of the compressor is decreasing (Chandraa et al., 2011) and the 

work of turbine increasing (Kumar, 2010), a noticeable difference between the turbine’s 

and the compressor’s work arises as presented by the net work in the GT. This network 

can also increase if both happen simultaneously as well (Galanti and Massardo, 2011). 

The work consumption in the compressor can be decreased by using the intercooler 

(Kopac and Hilalci, 2007; Chandra et al., 2009). Figure 3.25 and 3.26 depict the 

schematic and the temperature entropy diagram for the intercooler-regenerative reheat 

GT (IRHGT). An additional combustion chamber has been utilized for increasing the 

work of the turbine. For increasing the temperature of the combustion air and reducing 

the temperature with exhaust gases, a regenerative heat exchanger was added (Kumar et 

al., 2007). A low-pressure compressor, intercooler, high pressure compressor, 

combustion chamber, high pressure turbine, additional combustion chamber, low 

pressure turbine and regenerative are incorporated in the IRHGT strategy. 

. 

 

 

Figure 3.25: Schematic diagram of IRHGT cycle 
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Figure 3.26: Temperature-Entropy diagram of IRHGT cycle 

 

Equation 3.86 expresses the exhaust gases temperature of the high-pressure turbine: 
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where TIT = T6 = T8 

 

 Equation 3.87 defines the isentropic temperature s7T  at the exit of high-pressure 

turbine: 

 

t

s

TTIT
TITT


7

7


                                                  (3.87) 
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Equation (3.88) expresses the exhaust gases temperature of the low-pressure turbine:  

 

    st TTITTITT 99                                           (3.88) 

 

Equation (3.89) expresses the temperature of exhaust air from the regenerative 

heat exchanger: 

 

 4945 TTTT                                               (3.89) 

 

 As Eq. (3.90) demonstrates, the exhaust temperature from the IRHGT cycle can 

be calculated by applying energy and mass balance for the regenerative: 

 

 

pg

pa

C

TTC
TT

45

910


                                          (3.90) 

 

Equation (3.91) expresses the net work of the IRHGT cycle: 

 

      98 TTCW pgGnet                                              (3.91) 

 

Equation (3.92) expresses the heat added for the IRHGT cycle: 

 

   75 TTITCTTITCQ pgpgadd                               (3.92) 

 

Equations (3.12), (3.14) and (3.16) are used for estimating the power output, 

specific fuel consumption and thermal efficiency of the IRHGT cycle respectively. 

 

3.6 MODELLING OF COMBINED CYCLE GAS TURBINE  

  

In power generation unit, the CCGT power plants are an attractive development. 

Under this, the attributed thermal efficiency of the CCGT was higher in comparison to 

the individual thermal efficiency of steam power plant or GT plant. As a result, due to 

the escalating fuel prices, the optimum design of the CCGT holds significant 
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importance (Ameri et al., 2008). For achieving optimum ST output, the appropriate 

usage of the GT exhaust heat in the ST cycle stands as the main challenge in a CCGT 

design. The power output of such cycles has increased according to the benefits of 

CCGT (Franco, Al. 2011). In contrast to the GT and ST plant, a higher overall thermal 

efficiency and power output has been identified for the CCGT plants (Ghazikhani et al., 

2011). In comparison to Ranking (ST) or Brayton (GT) cycles, the higher overall 

thermal efficiencies of a CCGT make them outstanding as a power generation unit. 

Thus, CCGT has been utilized on a comprehensive scale worldwide based on these 

lower emissions and advantages (Qiu and Hayden, 2009; Ahmadi et al., 2011). As a 

highly developed technology, the CCGT power plant produced electrical power at high 

efficiencies. The turbine inlet temperature of a GT cycle (topping cycle) has a higher 

temperature than the CCGT. In a heat recovery steam generator (HRSGs), the high 

temperature steam for the steam turbine is generated by using the temperature of the 

exhaust gases (Godoy et al., 2011). In comparison with the ST cycle (850K), the GT 

cycle can work at a higher temperature (1100k to 1800K) (Boonnasa and Namprakai, 

2008). By increasing the maximum temperature (turbine inlet temperature) of heat 

addition in the thermal cycle, working with low temperature of heat rejection or both, 

the thermal efficiency of any power plant cycle as a thermodynamic performance can be 

enhanced (Gnanapragasam et al., 2009). In the CCGT, the GT cycle works at a higher 

turbine inlet temperature and is linked with a ST cycle that operates at a lower 

temperature scale (Sanjay, 2011). Moreover, in contrast to the GT power plant that 

works on its own, the heat rejection temperature (exhaust temperature) of the GT 

working in CCGT is lower. Thus, when compared with the levels of the GT cycle 

thermal efficiency and ST cycle thermal efficiency operating individually, the total 

effect is higher thermal efficiency of CCGT (Felipe et al., 2005). 

 

3.6.1 SINGLE-PRESSURE  

 

A schematic of the CCGT and bottoming cycle using a single-pressure heat 

recovery steam generator (HRSG) without reheating is illustrated in Figure 3.27. To 

enable burning of natural gas for expansion in the GT, a combustor and a single stage 

axial flow compressor are included in the GT (topping cycle). For combining with fuel 

in order to produce high temperature flue gas, the principle of GT states that the air is 
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compressed by the air compressor before being transferred to the combustion chamber 

(CC). Next, the GT which is linked to the generator’s shaft for producing electricity 

becomes the recipient of temperature flue gas (Ganapathy, 1991). In flowing into the 

HRSG, a decrease becomes imminent in the effluent exhaust gas temperature.   

 

 

 

Figure 3.27: The schematic of a single-pressure combined cycle power plant 

 

The superheater, economizer and evaporator exist in the HRSG. Electricity is 

produced with the transmission of steam by the HRSG to the ST. The effluent 

condensate flows from the ST into a condenser. Over here, waste heat is transferred by 

the cooling water to the cooling tower (Mansouri et al., 2012). In the last stage, the 

output from the condenser namely the feed water is suctioned by the feed water pump 
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before transference to the HRSG  (Boonnasa and Namprakai, 2004; Kaushika, 2011). 

This section explains the SPCC power plant whereas section 3.2 has already explained 

the model of the gas turbine. The assumption that st and
p  represent steam turbine and 

pump efficiencies respectively is taken here. The solid and dashed lines represent the 

ideal and actual processes on the temperature entropy diagram illustrated by Figure 3.28 

(Hicks, 2012).  

 

 

 

Figure 3.28:  Temperature-entropy diagram for steam turbine plant. 

 

For the CCGT plant, a single pressure HRSG is classified as a common type. 

The temperature profile for a single pressure HRSG case containing a superheater, 

economizer and evaporator is shown in Figure 3.29. Feed water temperature and blow 

down are the terminologies used for superheated steam temperature and pressure. 

Conditions of GT exhaust like temperature exhaust gases, flow rate and compositions 

are known as well. In the design mode, the aim is also to obtain the steam flow, gas and 

steam temperature profile. For calculating the HRSG temperature profile, the main 

parameters are pinch point (
ppT ) and approach points (

apT ).  Figure 3.29 defines them 
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which include steam flow fall, the complete gas and steam temperature profiles 

(Ganapathy, 1991). The values for (Tg3) and (Tw2) can be calculated while assumptions 

are made for the pinch and approach. Hence, as shown in Figure 3.28, the gas and water 

properties can be calculated by applying the energy balance for gas and water in every 

part. The following equations have been solved for obtaining the result: 

 

 

 

Figure 3.29: A typical temperature heat transfer diagram for single-pressure HRSG 

combined cycle 

 

Equation (3.93) expresses the superheater duty: 

 

   
fggpggssh

.

ssh hTTCmhhmQ 121                         (3.93) 

 

The heat loss factor is denoted by 
fh1
 commonly lying in the range 0.98 to 0.99 

(Ganapathy, 1991). 
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 The approach points (
apT ) and the designed pinch point (

ppT ) are the basis for 

the thermal analysis of the HRSG. Equation (3.94) expresses the temperature of the gas 

being emitted from the evaporator: 

 

ppsg TTT 3
                                                  (3.94) 

 

 At superheated pressure, the saturation steam temperature is denoted by Ts. 

Moreover, equation (3.95) defines the temperature of the water entering the evaporator. 

 

apsw TTT 2
                                                   (3.95) 

 

Equation (3.96) is used for calculating the mass flow rate of the generation 

steam (Butcher and Reddy, 2007). 

 

 
 2

13311

.

.

wss

fgpggpgg

s
hh

hTCTCm
m




                                         (3.96) 

 

As defined in equation (3.97), the energy balance is used for calculating the 

temperature of the gases that leave the superheater: 

 

 

fpgg

ssss
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gpg

g
hCm

hhm

C

TC
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.
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


                                           (3.97) 

 

The trial and error method on equation (3.97) is performed for calculating the 

specific heat (
2pgC ) and Tg2.  As shown in Figure 3.28, the energy balance of the 

economizer could be considered for calculating the temperature of the exhaust hot gases 

emitting the HRSG. 

 

 Equation (3.98) is another way of demonstrating the heat available from the 

exhaust gases: 

 

 
fggpggav hTTCmQ 141                                          (3.98)   
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where the exhaust temperature of the HRSG is represented by 
4gT . 

  

The energy balance between states 4 and 5 can be considered for calculating the 

temperature of the hot gases leaving the HRSG. This is shown in Figure 3.27. (Butcher 

and Reddy, 2007). 

 

 

fpgg

wws

pg

gpg

g
hCm

hhm

C

TC
T

14

.

12

.
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33

4



                                           (3.99) 

 

The ST becomes the recipient of the high pressure and high temperature steam 

obtained from the HRSG (Cengel and Michael, 2008; Ahmadi et al., 2011; Hicks, 

2012). Figure 3.28 shows the energy balance. 

 

 76 hhmW .

sst                                                     (3.100) 

 

Equation (3.101) expresses the heat rejected from the condenser: 

 

 87 hhmQ .

wcond                                                    (3.101) 

 

 The pump extracts the condensate from the condenser which is then elevated to 

the economizer pressure. Equation (3.102) presents the corresponding work: 

 

 cshf

.

wp ppvmW  9                                              (3.102) 

 

Hence, the ST power plant’s net work is : 

 

pstsnet WWW                                                       (3.103) 

 

The ST power plant’s efficiency is: 

 

av

snet
stc

Q

W
                                                             (3.104) 
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Equation (3.105) represents the overall thermal efficiency of the CCGT power plant: 

 

add

snetGnet
all

Q

WW 
                                                       (3.105) 

 

3.6.2 DUAL PRESSURE  

 

Operating design parameters like pinch point, approach point, mass ratio of the 

two stages, and first and second stage pressures influence the performance of the dual 

pressure combined cycle (DPCC). The elements of the dual pressure HRSG is 

illustrated by Figure 3.30. At a point Tw1LP, the feed water enters to the low pressure 

(LP) economizer for raising its temperature to Tw2LP. This is the LP stage’s (TsLP) 

saturated temperature. At the same time, the point Tw1HP is one where water is 

compressed to the high pressure. Latent heat is extracted from Tw2LP to TsLP under which 

the fluid transforms to saturated vapour. The superheated steam of the LP stage is 

obtained from TsLP to TssLP.  The saturated temperature of the HP stage TsHP is reached 

when the temperature of the feed water is raised by high pressure economizer to the 

point TsHP. Moreover, between Tw2HP and TsHP the saturated liquid transforms into 

saturated vapor. Lastly, at TssHP superheated steam is formed. Generating steam at high 

and low pressure levels is practical. At a suitable “pass in” point, the low pressure steam 

gets transmitted to a steam turbine (ST). This is in addition to the steam at high pressure 

that is transmitted to the ST’s inlet. A typical temperature heat transfer diagram for dual 

pressure HRSG combined cycle is illustrated by Figure 3.31. Hence, as shown by 

Figure 3.31, calculations for the water properties and gas temperature are performed by 

applying the energy balance for gas and water in every part of the HRSG. The following 

equations demonstrate this: 

 

Equation (3.106) defines the high pressure superheater duty: 

 

   
fgpggpggsHPssHPsHPsHP hTCTCmhhmQ 12211

.                (3.106) 
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Figure 3.30: The schematic diagram of dual pressure HRSG combined cycle 

 

 Equation (3.107) expresses the temperature of the gas leaving the high pressure 

evaporator: 

 

ppsHPg TTT 3
                                                 (3.107) 
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Figure 3.31: A typical temperature heat transfer diagram for dual pressure HRSG 

combined cycle 

 

The saturation steam temperature at high pressure superheated is denoted by 

TsHP, Eq. (3.108) defines the temperature of water entering the high pressure evaporator: 

 

apsHPHPw TTT 2
                                                (3.108) 

 

The following shows the calculation of the mass flow rate of the generation 

steam in the high pressure section of HRSG (Butcher and Reddy, 2007): 

 

 

 
 HPwssHP

fgpggpgg

sHP
hh

hTCTCm
m

2

13311

.

.




                                     (3.109) 

 

The heat loss factor generally lying in the range 0.98 to 0.99 is denoted by (h1f): 
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As Eq. (3.110) demonstrates, the energy balance of the high-pressure 

superheater is used for calculating the temperature of the gases leaving the high-

pressure superheater: 
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                                 (3.110) 

 

By performing trial and error on equation (3.110) the specific heat (
2pgC ) and 

Tg2 can be calculated using a numerical method. As shown in Figure 3.31, the energy 

balance between states Tg3 and Tg4 can be considered for calculating the temperature of 

the hot gases leaving the high pressure section of the HRSG. The following equation 

demonstrates this: 
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Also, 
ppsLPg TTT 6

 and 
apsLPLPw TTT 2

 

 

As shown in Eq. (3.112), the energy balance can be used for calculating the 

mass of steam generated from the LP stage (msLP): 
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As Eq. (3.113) demonstrates, the energy balance of the low pressure superheater 

can be used for calculating the temperature of the gases that leave the low-pressure 

superheater: 
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94 

 

 As shown in Figure 3.31, energy balance of the low-pressure economizer can be 

considered for calculating the temperature of the exhaust hot gases exit from the HRSG: 

 

 
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 The following shows another way of presenting the heat available with exhaust 

gases from GT cycle: 

 

 
fgpggpg

.

gav hTCTCmQ 17711                                    (3.115) 

 

The steam at high and low-pressure and high temperature obtainable from the 

HRSG expands to the condenser pressure in the ST cycle (Bassily, 2004; Hicks, 2012). 

Equation (3.116) expressed the work done of steam turbine using energy balance. The 

temperature-entropy diagram for dual pressure HRSG combined cycle is shown in 

Figure 3.32. 

 

876 hmhmhmW .

w

.

sLP

.

sHPst                                      (3.116) 

 

The water mass flow rate is denoted by .

wm and it is equal to ...

sLPsHPw mmm  . 

 

Equation (3.117) expresses the heat rejected from the condenser: 

 

 98

. hhmQ wcond 
                                                 

(3.117) 

 

The feed water pump extracts the condensate from the condenser and elevates it 

to the economizer pressure. Equation (3.118) defines the corresponding work of the feed 

water pump: 

 

     shLPshHPf

.

sLP

.

wcshLPf

.

wp ppvmmppvmW  1110            
(3.118) 
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Figure 3.32:  Temperature-entropy diagram for dual pressure HRSG combined cycle 

 

Hence, Eq. (3.119) presents the net work for the ST cycle: 

 

pstsnet WWW 
                                                 

(3.119) 

 

Equation (3.120) presents the efficiency for the ST cycle: 

 

av

snet
stc

Q

W


                                                       

(3.120) 

 

Equation (3.121) expresses the overall thermal efficiency for the CCGT power plant: 

 

add

snetGnet

all
Q

WW 


                                                  

(3.121) 
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3.6.3 TRIPLE-PRESSURE 

 

This study considers different configurations of triple pressure CCGT plant 

systems (TPCC). The same GT system is possessed by each of these cases. This system 

is considered akin to the MARAFIQ CCGT power plant (as a compressor, combustion 

chamber and turbine). A triple-pressure HRSG and a condensing steam turbine can be 

found in the first triple pressure CCGT plant in addition to the GT and auxiliary 

systems. Figure 3.33 shows this. Moreover, Figure 3.34 illustrates a typical temperature 

heat transfer diagram for triple-pressure HRSG combined cycle. A triple pressure reheat 

HRSG can be found in a second triple pressure CCGT plant. Figure 3.36 and 3.35 show 

temperature heat transfer diagram and a condensing steam turbine respectively. 

 

 

Figure 3.33: A schematic diagram of the triple-pressure combined cycle power plant. 
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Figure 3.34: A schematic diagram of the triple-pressure-reheat combined cycle power 

plant. 
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Figure 3.35: A typical temperature heat transfer diagram for triple-pressure HRSG 

combined cycle. 

 

 

 

Figure 3.36: A typical temperature heat transfer diagram for triple-pressure-reheat 

HRSG combined cycle. 
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3.6.4 TRIPLE-PRESSURE REHEAT WITH SUPPLEMENTARY FIRING 

UNIT 

 

A triple-pressure- reheat HRSG with supplementary firing unit, and a 

condensing steam turbine can be describe as a complex triple pressure CCGT plant. As 

shown in Figure 3.37, three GT and three HRSG connected with one ST was associated 

with the unit in this model. Energy and mass balances are presented since more 

significance and complex configuration is identified with a supplementary triple 

pressure reheat CCGT plant. A similar way can be employed for writing the equations 

of energy balance for other cases, which describe in section (3.6.3). A schematic 

diagram of the triple-pressure reheat combined cycle with a supplementary firing unit 

(TPRBCC) power plant in the midst of simple GT cycle is depicted by Figure 3.38.  

This would produce turbine inlet temperature of 1600 K. The majority of the air at 1 is 

compressed to a higher pressure at 2. At this point the air enters the combustion 

chamber (CC) and undergoes combustion by utilizing additional fuel. This results in 

combustion gas at 3. Expansion of the gas at 3 takes place subsequently to the chimney 

or HRSG at 4. Heat is transferred to steam once the gas at 4 enters the HRSG before 

exiting the stack temperature at 5. In the HRSG, expansion of the steam at the outlet of 

high pressure superheater at 6 occurs in the high-pressure steam turbine (HPST) to a 

lower-pressure and temperature at 7. In the reheat section, steam at 7 is reheated to a 

higher temperature at 8. Over here, further expansion of the steam in the intermediate-

pressure steam turbine (IPST) to the low pressure at 10 takes place. Followed by this is 

the expansion of the superheated steam at the outlet of intermediate-pressure section of 

the HRSG at 9 in the intermediate-pressure steam turbine (IPST) to a lower-pressure 

and temperature at 10 where it enters into the low-pressure steam turbine. At the outlet 

of low-pressure section of the HRSG at 11, the superheated steam and steam at 10 

undergoes further expansion in the low-pressure steam turbine (LPST) to low-pressure 

and temperature at 12. From the low-pressure steam turbine at 2bar, steam is extracted 

before being fed to the open feed water heater (deaerator) at 13. At 12, the steams with 

low-pressure and low-temperature will undergo condensation in the condenser to 

transform into saturated water at 14. The resulting water at 15 is the outcome of 

saturated water flowing out of the condenser at 14 and subsequently mixing with steam 

at 13 inside the deaerating condenser. At 15, the saturated water exiting the deaerating 
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condenser gets pumped to a higher pressure at (Tw1LP). Saturated water at (Tw2LP) is the 

result of the heating to which water at (Tw1LP) is exposed in low-pressure economizer 

section of the HRSG. The water then enters low-pressure steam drum (D1). In the low-

pressure superheater of the HRSG, the saturated steam at the outlet of drum D1 at (TsLP) 

is superheated. Steam at (TssLP) is produced as a result. The low pressure steam turbine 

(LPST) becomes the recipient of the steam at (TssLP) where it undergoes expansion till it 

enters the condenser pressure at 14. At the outlet of drum D1, the saturated water is 

pumped to the pressure of drum D2 at (Tw1IP). In the intermediate-pressure economizer 

section of the HRSG, water at (Tw1IP) undergoes heating till it claims a saturated 

condition. Before being partly evaporated in HRSG’s intermediate pressure evaporation 

section, the saturated water at (Tw2IP) undergoes heating. 

 

 

 

Figure 3.37: A schematic diagram of the MARAFIQ CCGT power plant. 
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Figure 3.38: A schematic diagram of the supplementary firing triple-pressure steam-

reheat combined cycle power plant. 
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At the top of drum D2 at (TsIP), the saturated vapor is superheated to a higher 

temperature at (TssIP) in intermediate-pressure superheater section of the HRSG. The 

intermediate-pressure steam turbine (IPST) becomes the recipient of the steam at where 

it experiences expansion till it reaches condenser at 14. At (Tw1HP), the saturated water 

present at the outlet of drum D2 gets pumped to the pressure of drum D3. In the high-

pressure economizer section of the HRSG, water at (Tw1HP) undergoes heating to acquire 

the saturated water condition. In the high-pressure section of the HRSG, the saturated 

water at is heated and partly evaporated. The high-pressure superheater section of the 

HRSG is the place where the saturated vapor at the top of drum D3 at (TsHP) is 

superheated to a higher temperature at (TssHP). The steam expands into the reheat section 

at 7 after the superheated steam at (TssHP) enters the high pressure steam turbine 

(HPST). In the reheat section of HRSG, the steam at 7 is superheated to a higher 

temperature at 8, with some impact on the duct burner. Before being pumped to 16, all 

the steam at 12 will go through the process of condensation in the condenser to water at 

14. The temperature transferred diagram for the CCGT power plant with simple GT 

cycle is illustrated by Figure 3.39. The temperature-entropy diagram for the CCGT is 

shown by Figure 3.40. 

 

 

 

Figure 3.39: A typical temperature heat transfer diagram for supplementary firing 

triple-pressure reheat HRSG combined cycle. 
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Figure 3.40:  Temperature-entropy diagram for supplementary firing triple-pressure 

reheat HRSG Combined Cycle. 

 

Owing to higher overall thermal efficiency than individual steam or gas-turbine 

cycles, the CCGT plants qualify as an attractive development in power generation 

(Carapellucci, 2009; Mansouri et al., 2012). Hence, due to escalating fuel prices and 

decreasing fossil fuel resources, the optimal design of the CCGT plants is vital (Ameri 

et al., 2008). In order to ascertain the mass flow rate of steam generated at the drums, 

thermodynamic properties of each state, the electrical output of the system and thermal 

energy of a process, a thermodynamics analysis is applied to every case study. 

Assumptions of being steady state and steady flow have been made with regards to the 

processes. Moreover, it is assumed that the impact of potential and kinetic energy on the 

system is negligible. The variation of enthalpy and temperature for different substances 

has been accounted for by the formulations of ideal gases. Steam tables have been used 

for water (Cengel and Michael, 2008). During the analysis of the combined cycle, the 

assumptions given in the following have been made (Ahmadi et al., 2008; Avval and 

Ahmadi 2007): 
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1. Ambient temperature has been assumed to lie between 273k to 328 k while 

atmospheric pressure is taken as 1.01325 bar. 

2. The range between 1100K to 2000K has been assumed for the turbine inlet 

temperature in a gas-turbine cycle. 

3. The range between 75 % to 100 % has been taken for isentropic efficiencies 

of compressor and turbine. 

4. From the combustion chamber, the heat loss is assumed to be 3% of the fuel 

lower heating value (Meigounpoory et al., 2008). Additionally, the property 

of being adiabatic is assumed for the rest of the components. 

5. Steam cycle maximum temperature is 873K. 

6. The condenser pressure is assumed to be 0.07bar 

7. For steam and gas turbine cycle, the rotational speed is assumed to be 

constant. 

8. The pinch points in HP, IP and LP evaporators (minimum temperature 

difference between the hot exhaust gases and the saturated steam) are taken as 

15°C. 

9. Temperature difference of 20°C is assumed as the difference between flue gas 

and superheated steam i.e. the terminal temperature difference (TTD) in the 

HP, IP and LP. 

10. Temperature difference of 60°C is assumed as the difference between 

superheated and saturated steam i.e. the degree of superheat (DSH) in the LP 

and IP. 

11. The temperature difference between steam and outlet cooling water in the 

condenser is assumed to be 15°C. 

12. The value of 90% is assumed for the isentropic efficiency of steam turbine. 

13. The pressure drops, in the combustion chamber, HRSG and condenser is not 

given any consideration. 

14.  No consideration is given to Heat losses in the HRSG, turbines, and 

condenser. 

15. All procedures are steady state and steady flow. 

16. In the combustion chamber, fuel that undergoes burning is taken as natural 

gas. 
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The pinch and approach point is used as a basis for the analysis of HRSG. The 

difference between the saturation temperature of water and the gas temperature before 

entering the economizer is known as pinch point. This is denoted by Tpp and Tap and is 

expressed in Figure 3.39. The surface area available for thermal energy transfer from 

the hot exhaust gas to the steam will decrease with an increase in the pinch point. 

Hence, a higher HRSG exit temperature will be the result. The sizing of the economizer 

uses the approach point. The difference between the economizer water outlet 

temperature (Tw2) and the saturation temperature (Ts) of the steam is known as the 

approach point as demonstrated by Figure 3.39. Therefore, no steaming will occur at 

this temperature in the economizer section. 

 

The supplementary firing (duct burner) employed to burn additional fuel in the 

supplementary firing, that lead to increase the temperature of the exhaust gas that passes 

through the HRSG. The energy balance for the duct burner is expressed in Eq. (3.122): 

 

LHVm)(TC)mm(LHVmTCm .

fdbdbbbpg

.

fdb

..

fdbpg

.  1444444    (3.122) 

 

Where db  is the duct burner efficiency and taken as 93% (Ahmadi and Dincer, 2011), 

.

fdb

..

g mmm  4  and 
bg TT 41  , the resulting from Eq. (3.122) is the

1gT . 

 

 The energy balance for the high-pressure steam evaporator side of the HRSG has 

been applied from Figure 3.39. Equation (3.123) expresses the temperature of the gas 

exiting the high pressure evaporator. 

 

ppsHPg TTT 4
                                                   (3.123) 

 

 The saturation steam temperature at high-pressure superheated is denoted by 

TsHP. Moreover, Eq. (3.124) defines the temperature of water entering the high-pressure 

evaporator. 

 

apsHPHPw TTT 2
                                                 (3.124) 
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The energy balance and assumptions are applied for calculating the mass flow 

rate of a steam generation in the high-pressure section of HRSG (Butcher and Reddy, 

2007). 
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)27360(1  gssRHssHP TTT                                        (3.125a) 

 

The energy balance has been applied for calculating the temperature ( 2gT ) of the 

gases in the reheat section of HRSG. 

 

   
fgpggpggsHPssHPssHPRH hTCTCmhhmQ 12211

.               (3.126) 

 

 As equation (3.127) shows, the energy balance of the high pressure superheater 

can be used for calculating the temperature of the gases that leave the high-pressure 

superheater: 
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Equation (3.128) shows that the energy balance can be applied at the high 

pressure economizer: 
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Equation (3.129) expresses the temperature of the gas exiting the intermediate 

pressure evaporator: 

 

ppsIPg TTT 7
                                         (3.129) 
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 The saturation steam temperature at intermediate-pressure superheated is 

denoted by TsIP. Moreover, Eq. (3.130) defines the temperature of water entering the 

intermediate-pressure evaporator:  

 

   
apsIPIPw TTT 2

                                         (3.130) 

 

The energy balance can be used for obtaining the mass of steam produced from 

the IP stage (msIP): 
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 As equation (3.132) depicts, the energy balance of the intermediate pressure 

superheater is used for calculating the temperature of the gases that leave the 

intermediate-pressure superheater. 
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 The energy balance of the intermediate-pressure economizer has been 

considered for calculating the temperature of the exhaust gases exit from the 

intermediate-pressure economizer of the HRSG. Equation (3.133) demonstrates the 

temperature of intermediate-pressure economizer of the HRSG: 
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 Moreover, Eq. (3.134) expresses the temperature of the gas exiting the low 

pressure evaporator: 

 

ppsLPg TTT 10
                                           (3.134) 
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 The saturation steam temperature at low-pressure superheated is denoted by TsLP. 

In addition, Eq. (3.135) defines the temperature of water entering the low-pressure 

evaporator. 

. 

apsLPLPw TTT 2
                                          (3.135)  

 

The energy balance can be used for obtaining the mass of steam produced from 

the LP stage: 
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 As Eq. (3.137) demonstrates, the energy balance of the control volume of the 

low pressure superheater can be used for calculating the temperature of the gases that 

leave the low-pressure superheater: 
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 As Eq. (3.137) depicts, the energy balance of the low pressure economizer can 

be used for calculating the temperature of the exhaust gases that are emitted from the 

low-pressure economizer of the HRSG: 
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 The following shows how the heat available with exhaust gases from GT cycle 

can be presented: 

 

 
fgpggpggav hTCTCmQ 1111111                           (3.138) 
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The following relation has been obtained by performing energy balance for a 

steam turbine, as shown in Figure 3.40:  

 

1279876 hmhmhmhmhmhmW .

w

.

sLP

.

sIP

.

sRH

.

sRH

.

sHPst     (3.139) 

 

The water mass flow rate is denoted .

wm  and calculated by using Eq. (3.140): 

 

....

sLPsIPsHPw mmmm                                        (3.140)  

 

The following equation represents the heat reject from the condenser: 

 

 1412

. hhmQ wcond 
                                         

(3.141) 

 

 The feed pump extracts the condensate water from the condenser and raises it to 

the economizer pressure. Equation (3.142) expresses the corresponding work of the feed 

water pumps for three levels. 
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(3.142) 

 

 Hence, the following formula is a representation for the net work of the steam 

turbine power plant: 

 

pstsnet WWW 
                                           

(3.143) 

 

The equation given below, shows how calculations can be performed for 

performances of CCGT power plant, including the thermal efficiencies for gas-turbine  

cycle, steam turbine cycle, and overall efficiency (Ameri et al., 2008). The efficiency of 

the steam turbine power plant is: 
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                                                     (3.144) 
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The following shows the overall thermal efficiency for the CCGT power plant: 
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snetGnet
all

Q
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                                            (3.145) 

 

3.6 OPTIMIZATION TECHNIQUE  

 

The basic energy and mass balance equations have been used by a number of 

researchers, while the commercial software for modelling and analysis has been utilized 

by others in developing performance of the GT and CCGT models. The structure 

models shape up the problem by deviating from normal conditions that are often 

associated with approximations of experimental relationships, linearization and real 

processes (Jurado et al., 2002; Chan and GU, 2012). Moreover, for modelling GT and 

CCGT cycle, traditional models generally incorporate a multitude of parameters. Soft 

computing, which solves complex mathematical problems is one of the realistic choices 

for overcoming these problems. In identifying problems and solving complex systems, 

the major components of soft computing, fuzzy logic and neural networks have been 

classified as being capable enough (Ubeyli, 2009). The core concept of artificial 

intelligence is represented by these methods, applicable in various fields relating to 

computational studies. Based on the adaptive neuro-fuzzy inference system (ANFIS) as 

a hybrid technique, optimization models of the performance of GT and CCGT in this 

study were developed. For studying the heat rate and performance of a power plant, the 

hybrid artificial neural network (ANN) approach with three-layer was proposed (Guo 

and Uhrig, 1992; Jang, 1993; Jang et al., 1997; Mellit and Kalogirou, 2011). As a 

function the system is equivalent to a first-order Sugeno fuzzy inference system whereas 

it is also an adaptive network (Takagi and Sugeno, 1985). A rule combining back-

propagation and a least-squares algorithm is used for identifying and optimizing the 

parameters of the Sugeno system while the hybrid learning utilizes ANFIS. Under 

contemplation, the fuzzy inference system assumed has two inputs (x) and (y) namely 

and one output (f). Hence, as the following confirms, a regular set with two fuzzy if-

then rules is taken for a first-order Sugeno model (Jang et al., 1997; Hasiloglu et al., 

2004; Awadallah, 2005). 
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Rule 1: If x is A1 and y is B1, then 1111 ryqxpf   

Rule 2: If x is A2 and y is B2, then 2222 ryqxpf   

 

 

(a) 

 

 

(b) 

 

Figure 41:  (a) Two-input first-order Sugeno fuzzy model with two rules. (b) 

Equivalent ANFIS architecture. 

  

The reasoning mechanism for this Sugeno model and its corresponding ANFIS 

architecture is illustrated by Figure 41 (Jang et al., 1997; Guimaraes and Lapa, 2007; 

Chen and Lai, 2010; Mellit and Kalogirou, 2011). Five layers are possessed by this 

model and each node has the same function. The outputs are linear combinations of 

their inputs in the fuzzy if-then rule set. Based on basis parameters, adaptive nodes 

producing linguistic-label membership grades are present in layer 1. This utilizes any 

appropriate parameterize membership function like the generalized bell function. 
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Where x is the input to node I, O1,i is the output of the i
th

 node in the first-layer, 

{ai, bi, ci } is the basis parameter set used to regulate the shape of the membership 

function and Ai is a linguistic label from the fuzzy set  A={A1, A2, B1, B2} related with 

the node. 

 

Fixed nodes are present in layer 2, labelled as Π meaning firing strength of 

apiece rule. The fuzzy AND (product or MIN) of all the input indications is the output 

of apiece a node (Jang et al., 1997). 

 

    2,1,,2  iyxWO BiAiii                           (3.147) 

 

The normalized firing strengths are the layer 3 outputs. Each node is a fixed rule 

labelled N. The ratio of the i
th

 rule’s firing strength to the sum of the firing strengths of 

the entire rules is the i
th

 node output (Jang et al., 1997): 
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Using the following function and based upon resultant parameters, the rule 

outputs are calculated by the adaptive nodes in layer 4: 

 

 iiiiiii ryqxpWfWO ,4                                   (3.149) 

 

Where {pi, qi, ri} is the resultant parameter set of the node and iW is the 

normalized firing strength from layer 3. 

 

The overall ANFIS output from the sum of the node inputs is calculated by a 

single node, labelled ∑ present in layer 5. This is shown as follows (Jang et al., 1997): 
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A two-pass process over a number of epochs can be used to describe the ANFIS 

training. Calculate the node outputs up to layer 4 through every epoch. Least-squares 

regression method is used to calculate the resultant parameters by the side of layer 5. 

For determining the basis parameter (layer1) updates, output of the ANFIS is calculated, 

and the errors are propagated back through the layers (Jang et al., 1997). In order to 

estimate the output with key parameters, ANFIS is used to develop a GT and CCGT 

models in this study. The thermal efficiency power output and fuel consumption is 

estimated effectively by using this ANFIS based GT and CCGT cycle models. 

 

3.7 SUMMARY 

 

Modelling codes for estimating the performance of the GT and CCGT plants and 

optimization of several parameters for best performance were presented in this chapter. 

Calculations for basic conservation laws, thermodynamics properties, performance data 

of the compressor and the turbine were performed by utilizing data obtained from a real 

GT and CCGT plants. The energy analysis model for every GT and CCGT component 

was also constructed. Modelling and coding in simulation codes was done for the 

various processes occurring during GT and CCGT cycles. As an implementation tool 

for these models, a simulation package named performance enhancing strategies (PES) 

was developed. Integrated modelling and optimization of performance of the GT and 

CCGT plants was presented by these strategies. In order to measure the optimum 

parameters influencing the plant performance, the adaptive neuro-fuzzy inference 

system (ANFIS) was introduced. Validation of the performance of modelling and 

optimization results with actual plants was done next. All the implemented significant 

equations, derivatives and simulation codes in computer programming are also 

presented. Several routes will be used for calibrating these models and for their 

validation. The next chapter will be presented the important results and discussion. 

 



 

 

 

CHAPTER 4 

 

 

RESULTS AND DISCUSSION 

 

 

4.1 INTRODUCTION 

 

The performance characteristics of the power output, thermal efficiency and 

specific fuel consumption for the GT and CCGT power plants are presented in this 

chapter. It will give details related to the analysis of the GT plant’s performance 

parameters and the modifications introduced for the operational and ambient conditions. 

To upgrade the overall performances, the results of the proposed strategies for the GT 

power plants related to the operational model and optimization models of the power 

plant are also discussed. Modifications are applied to the configurations of GT and 

CCGT to implement these strategies. This technique is called the performance 

enhancing strategies of the GT and CCGT power plants, where two or more 

enhancements are combined together. This study will first investigate the responses of 

the GT and CCGT performance to the various operational parameters, followed by the 

tracking of the optimum parameters. Development and assessment of the new predictive 

correlations for GT and CCGT plants will be presented after this. To evaluate the errors 

associated with the experimental analysis for the real data, an efficient error analysis is 

conducted, which was adopted from the MARAFIQ CCGT plants. The Optimum 

parameters, which are obtained after applying the performance strategies and 

calculations using the optimization techniques, are then used finally to evaluate the 

operations of the GT and CCGT plant. 
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4.2 SIMPLE GAS TURBINE 

 

The effects of the parameters are presented in terms of the pressure ratio, turbine 

inlet temperature, air fuel ratio, and ambient temperature on the performance of the GT 

cycle power plant. The energy-balance obtained through the MATLAB10 software is 

used to obtain the effects of the operating conditions on the power output and thermal 

efficiency. A variation of the pressure ratio, turbine inlet temperature and ambient 

temperatures on the thermal efficiency are presented in Figure 4.1. With the pressure 

ratio at the higher turbine inlet temperature, the thermal efficiency increased, as shown 

in Figure 4.1a. There is an insignificant deviation in the thermal efficiency at the lower 

pressure ratio, while the thermal efficiency is primarily affected by the deviation at 

higher pressure ratio. To increase the thermal efficiency, the higher turbine inlet 

temperature and pressure ratio are very important. This is owing to the increase in the 

compressor outlet temperature and the decreased consumption in the fuel and the 

increase in the network output (Cetin, 2006; Reddy et al., 2010; Sun and Xie, 2010). 

The air coming out of the compressors is hot as the pressure ratio increases. This means 

that less fuel is needed to reach the required turbine inlet temperature for a fixed gas 

flow to the GT. As the pressure ratio increases, so does the work required in the 

compressor and the power output of the GT. However, it is observed that at the lower 

pressure ratio, there is a minor variation in the power output, while there is a significant 

variation at the higher pressure ratio. This is due to the increase in the power output of 

the GT with the pressure ratio to a certain value and then decreases (Horlock, 2002; 

Hosseini et al., 2007; Soares, 2008; Kim et al., 2011). The increase in the turbine inlet 

temperature from 1200 K to 2000 K, leads to an increase in the thermal efficiency at a 

high pressure ratio from 33.5% to 45.5%.  The increase in the pressure ratio as well as 

the decrease in the ambient temperature results in the increase in the thermal efficiency 

as shown in Figure 4.1b. However, at lower pressure ratio, the variation in the 

efficiency is insignificant. At the higher pressure ratio, the thermal efficiency decreases 

from 41.5% to 38%., when the ambient temperature increases from 268 K to 328 K. The 

thermal efficiency is reduced due to the increase in the compressor’s specific work as 

the ambient temperatures increase. The air volume is kept constant in the design of the 

compressor. 
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(a) Turbine inlet temperature 

 

 

(b) Ambient temperature 

 

Figure 4.1: Variation of pressure ratio, turbine inlet temperature and ambient 

temperature on thermal efficiency. 

 



117 
 

 

 

Figure 4.2: Variation of pressure ratio and air fuel ratio on thermal efficiency. 

 

While the ambient temperatures increase, the specific mass is reduced. The mass 

flow is also reduced to ensure a constant air volumetric flow, which leads to the 

decrease in the power output of the GT. The amount of burning fuel and hence the 

turbine inlet temperature is reduced due to the increase in the temperature at the inlet of 

the combustion chamber. As a result, the GT efficiency is decreased (Malewski and 

Holldorft, 1986; Ait-Ali, 1997; Kakaras et al., 2004; Kamal and Zuhair, 2006; Kopac 

and Hilalci, 2007; Bracco and Siri, 2010; Khaliq et al., 2012). The variation of the 

pressure ratio and the air fuel ratio on the thermal efficiency is shown in Figure 4.2. The 

increase in the air fuel ratio leads to the decrease in the thermal efficiency. This is 

owing to the resultant increase in the mass flow rate of the exhaust gases, which 

eventually leads to an increase in the losses and decrease in the turbine inlet 

temperature. As a result, the thermal efficiency is decreased (Tyagi and Khan, 2010).  

 

The effect of pressure ratio and the ambient temperature on compressor work is 

demonstrated in Figure 4.3. The increase in the pressure ratio and the ambient 
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temperature leads to the increase in the compressor work. The compressor work 

increased as more work was required to match the pressure ratio (Kakaras et al., 2004). 

The increase in the ambient temperature decreased the density and the mass flow rate of 

air, which meant that the compressor had to do work to draw a constant volume of 

ambient air. The compressor specific work increases directly with the decrease in the 

mass flow rate which leads to a further reduction in the power output (Szargut et al., 

2000; Zadpoor and Golshan, 2006; Tiwari et al., 2010). The deviation of the compressor 

work at higher pressure ratio is important, while the deviation at the lower pressure ratio 

is of less significance. When the ambient temperature increases from 286 K to 328 K, 

there is an increase in the compressor work at high pressure ratio from 450 to 570kJ/kg.   

 

 

 

Figure 4.3: Effect of pressure ratio and ambient temperature on compressor work. 
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(a) Isentropic compressor efficiency 

 

 

(b) Isentropic turbine efficiency 

 

Figure 4.4: Variation of pressure ratio, isentropic compressor and turbine efficiency on 

thermal efficiency. 



120 
 

The variation of the pressure ratio, isentropic efficiency on thermal efficiency is 

demonstrated by Figure 4.4. The increase in the pressure ratio as well as the isentropic 

compressor and turbine efficiency leads to the increase in the thermal efficiency. As the 

isentropic compressor and the turbine efficiency increases, the work required to drive 

the air compressor is reduced (Khaliq and Kaushik, 2004; Huang et al., 2007; Avval et 

al., 2011). However, at a high pressure ratio for the isentropic compressor and turbine 

efficiency, the variation in the thermal efficiency is significant, while minor variation in 

the thermal efficiency is obtained for lower pressure ratios (Lee et al., 2011). When the 

isentropic compressor efficiency increases from 75 to 95%; the thermal efficiency with 

effect high pressure ratio increases from 35 to 42%. However, with the increase of the 

isentropic turbine efficiency from 75 to 95%, the thermal efficiency increases from 25 

to 47%.  

 

 

 

Figure 4.5: Comparison between simulated thermal efficiency of the simple GT and 

Boyce model. 
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A comparison between the simulated thermal efficiency of the simple GT and 

the Boyce model is demonstrated in Figure 4.5. This clearly shows an increase in the 

thermal efficiency with the increase in the pressure ratio. As compared to the Boyce 

model of the simple GT (Boyce, 2012), the simulation results is adequate. The variation 

of thermal efficiency against the turbine inlet temperature as well as pressure ratio and 

air fuel ratio is shown in Figure 4.6. There is a variation in the air fuel ratio from 40-56 

(kgair/kgfuel) and a variation in the pressure ratio from 3-23.  There is a strong 

relationship between the thermal efficiency of GT plants with the turbine inlet 

temperature (Bathie, 1996; Brooks, 2003; Bassily, 2008b; Kurt et al., 2009). When the 

turbine inlet temperature increases, so does the efficiency. In addition, there is an 

increase in the thermal efficiency and turbine inlet temperature with the decrease in the 

air fuel ratio. In the presence of a low air fuel ratio and a high pressure ratio, the 

maximum thermal efficiency obtained was about 42%.  

 

 

 

Figure 4.6: Variation of thermal efficiency against turbine inlet temperature, pressure 

ratio and air fuel ratio. 
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(a) Thermal efficiency                                      

 

(b) Power 

 

Figure 4.7: Effect of ambient temperature and air fuel ratio on thermal efficiency and 

power. 
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The variation of GT thermal efficiency and power with an air fuel ratio as well 

as ambient temperature is shown in Figure 4.7. The increase in the power consumption 

in the compressor occurred with increased ambient temperatures as well as the air fuel 

ratio. This results in the decrease of the thermal efficiency and power output. In 

addition, the turbine inlet temperature decreased and the losses in the form of exhaust 

gases increased with the increase in the air fuel ratio (Najjar, 2000; Walsh and Fletcher, 

2004; Arrieta and Lora, 2005; Sullerey and Ankur, 2006; Ilett and Lawn, 2010; 

Sayyaadi and Mehrabipour, 2012). Figure 4.8 shows the comparison between the 

simulated power outputs and the real results obtained from Baiji GT power plant. As 

compared to the real data from Baiji GT power plant, the simulated output power is 

higher. This is because of an incomplete combustion caused by the usage of fuel oil 

instead of natural gas in the Baiji plant, thus decreases the thermal efficiency of the GT 

(Graus and Worrel, 2009). Furthermore, the compressor to be much more intolerant to 

dirt builds up in the inlet air filter and on the compressor blades and crates large drops 

in the cycle efficiency and performance of Baiji GT power plant (Boyce, 2012). 

 

 

 

Figure 4.8: Comparison between simulated power outputs versus real results from Baiji 

gas turbine power plant. 
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(a) Specific fuel consumption                                 

 

(b) Heat rate 

 

Figure 4.9: Effect of ambient temperature and air fuel ratio on specific fuel 

consumption and heat rate. 
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The effect of ambient temperature and air fuel ratio on specific fuel consumption 

and the heat rate is shown in Figure 4.9. It is observed that the increase in the ambient 

temperature and the air fuel ratio causes a linear increase in the specific fuel 

consumption and the heat rate. The burnt fuel, however, increased with the rise in the 

ambient temperature and air fuel ratio as a result of the increased compressor work, to 

cover the reduction in the power output (Yang, 1997; Kumar et al., 2007; Lazzaretto 

and Toffolo, 2008; Basha et al., 2012). The effect of air fuel ratio and ambient 

temperature on thermal efficiency as well as specific fuel consumption is shown in 

Figure 4.10. The increase in the air fuel ratio and the ambient temperature lead to a 

linear reduction in the thermal efficiency due to the discharge of flue gases 

(Heppenstall, 1998; Horlock et al., 2003; Edris, 2010; Godoy et al., 2010). The increase 

in the air fuel ratio as well as the ambient temperatures results in a linear increase in the 

specific fuel consumption. The variation in the exhaust temperature on thermal 

efficiency for several ambient temperature and air fuel ratio is represented by 

Figure 4.11. The reduction in the ambient temperature and the air fuel ratio resulted in 

the increase of the thermal efficiency. In addition, the increase of the ambient 

temperatures, air fuel ratio and the eventual increase of the losses are the reason behind 

the increase in the exhaust temperature, which is responsible for the reduction of the 

thermal efficiency (Kong et al., 2005; Jeong et al., 2008).  

 

The effect of the compressor and turbine isentropic efficiencies on thermal 

efficiency for different air fuel ratio is shown in Figure 4.12. The rise in the compressor 

and turbine isentropic efficiencies, leads to a linear increase in the thermal efficiencies. 

This implies an increase in the power output owing to the reduction in the thermal 

losses for both the compressor and turbine respectively (Malewski and Holldorft, 1986; 

Mathioudakis et al., 2001; Mahmood and Mahdi, 2009). The increase in the air fuel 

ratio leads to a decrease in the thermal efficiency. Owing to these occurrences at lower 

isentropic efficiencies, there are significant variations in the thermal efficiencies. When 

the air fuel ratio increases from 40 to 56 with the effect of isentropic compressor 

efficiency, there is a decrease in the thermal efficiencies from 32 to 28%. While for a 

similar range of air fuel ratio, the thermal efficiency decreases from 24.5 to 20.7% with 

effect of isentropic turbine efficiency. There is a critical variation in the thermal 

efficiency at higher pressure ratio and ambient temperature (Erdam and Sevilgen, 2006). 
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(a) Thermal efficiency 

 

 

(b) Specific fuel consumption 

 

Figure 4.10: Effect of air fuel ratio and ambient temperature on thermal efficiency and 

specific fuel consumption. 
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Figure 4.11: Variation of exhaust temperatures on thermal efficiency for ambient 

temperature and air fuel ratio. 

 

The change of air density and compressor work influences the thermal 

efficiency, as a lower ambient temperature leads to a higher air density and a lower 

compressor work, which results in a higher GT power output. This is shown in Figure 

4.7b. The thermal efficiency reduced with the increase in the ambient temperature. As 

there is an increase in the air mass flow rate inlet to compressor and a decrease in the 

ambient temperature , the specific fuel consumption increases with the increase of the 

air fuel ratio and ambient temperature (Erdam and Sevilgen, 2006; Basrawi et al., 2011). 

Due to the air flow being kept constant, there is an increase in the fuel mass flow rate. 

There is less variation in the output power as compared to the inlet compressor air mass 

flow rate. The loss in the flue gases lead to an increase in the ambient temperature, 

which eventually causes the specific fuel consumption to increase. There is a continuous 

increase in the thermal efficiency when the pressure ratio for GT power plant increases. 

The thermal efficiency starts to decline after reaching the peak value. The thermal 

efficiency can be a positively affected by the modifications in the operational 
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conditions, especially in the case when a huge advantage can be gained by increasing 

the turbine inlet temperature, output power and hence the thermal efficiency. 

 

 

(a) Isentropic compression efficiency 

 

(b) Isentropic turbine efficiency 

 

Figure 4.12: Effect of isentropic efficiency and air fuel ratio on thermal efficiency. 
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4.3 MODIFICATIONS OF GAS TURBINE  

 

This section deals with the effects of the parameters such as, pressure ratio, 

ambient temperature, turbine inlet temperature, and isentropic compressor and turbine 

efficiency and the configurations on the performance of the GT plants. The energy-

balance is used to determine the effect of these parameters and configurations on the 

thermal efficiency, power output and specific fuel consumption. There is a variation in 

the pressure ratio of GT from 3 to 30. The work of compressor and power output of a 

GT influences the pressure ratio. At the compressor air intake, the work of the 

compressor is a function of the inlet air temperature. In addition, the power output is the 

function of turbine inlet temperature (Boyce, 2012). The temperature of air exiting from 

the compressors is high as the pressure ratio increases, which implies that less fuel is 

needed to obtain the required turbine inlet temperature for a fixed gas flow to the GT. 

According to the pressure ratio, there is steady increase in the compressor work and 

power output of the GT, which is followed by a decrease in the temperature of the 

exhaust gases.  

 

A comparative analysis between the simulated thermal efficiency of the 

regenerative GT and the Bassily model together with the effect of different values of the 

pressure ratio and turbine inlet temperature is shown in Figure 4.13. There is an increase 

in the thermal efficiency until the pressure ratio reaches 6. The thermal efficiency starts 

to decrease with the increase in the pressure ratio, after the value of pressure ratio 

reaches 6. This is due to the increase in the compressor outlet temperature as a result of 

the increased pressure ratio. Therefore, the thermal efficiency is reduced due to the 

reduction in the heat exchange between the air and the flue gases in the regenerative 

(Mohamed, 2003; Bassily, 2004; Kim and Perez-Blanco, 2007). Two values are 

considered for the comparison of the turbine inlet temperature, 1400 and 1700K 

(Bassily, 2002). At the same time, the increase in the turbine inlet temperature led to an 

increase in thermal efficiency. As compared to the Bassily model of the regenerative 

GT, the simulation results are adequate. 
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Figure 4.13: Comparison between simulated thermal efficiency of the regenerative gas 

turbine and Bassily model with the effect of the pressure ratio. 

 

The effect of pressure ratio on the performance of the GT plants is shown in 

Figure 4.14. The effect of the pressure ratio on the temperature of the exhaust gases 

from different configurations of the GT is shown in Figure 4.14a. It is obvious that the 

decrease in the temperature of the exhaust gases for all the models except the 

regenerative GT model are increased from 590 to 796K, as an increase in the pressure 

ratio. In addition, when the pressure ratio increases according to the configuration of the 

GT for other models, so does the exhaust temperature decreases about 220 to 400K. The 

heat recovered from the flue gases to increase the temperature of the air entering the 

combustion chamber, leads to a reduction in the temperature of the exhaust with the 

regenerative GT model (Bassily, 2001). The two-shaft GT model causes a high exhaust 

temperature, owing to the presence of two shafts GT with one shaft that drives the 

compressor, while the other drives the generator. While the total isentropic turbine 
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efficiency was decreased and the work of the turbines also decreases, which eventually 

led to an increase in the exhaust gases temperature (Najjar, 1997; Razak, 2007). 

 

 

(a) Exhaust temperature                                      (b) Thermal efficiency 

 

 

(c) Specific fuel consumption                       (d) Power output 

 

Figure 4.14: Variation of pressure ratio on the performance of the gas-turbine plants 

 

The effect of pressure ratio on the thermal efficiency of the GT plants is shown 

in Figure 4.14b. In case of all the configurations except the regenerative GT, the 

increase in the compressor ratio creates a linear increase in the thermal efficiency. Till 

the pressure ratio value of 7, the thermal efficiency of the regenerative GT rises to 
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46.5% after which it starts to decrease till 37.3% with the pressure ratio soaring to 30. 

More of the waste heat can be recovered due to the low outlet temperature of the 

compressor according to the low pressure ratio. Less waste heat needs to be recovered 

as the high outlet temperature was obtained at a high pressure ratio (Nishida et al., 2005; 

Kumar, 2010). As a consequence, there is an increase in the thermal efficiency with the 

pressure ratio for other configurations. As compared to the lower pressure ratio, the 

higher pressure ratio has a significant variation in the thermal efficiency of the GT. 

Figure 4.14c shows the effect of pressure ratio on the fuel consumption for the different 

configurations. At the pressure ratio of 7, the specific fuel consumption has a minimum 

value 0.159kg/kWh in the regenerative GT. This value starts to increase after reaching 

this value of pressure ratio. In case of other configurations, the specific fuel 

consumption always decreases with an increase of the pressure ratio. As compared to 

the lower pressure ratio, the deviation of the specific fuel consumption is higher at the 

higher pressure ratio. When, the pressure ratio increases from 3 to 30 for all 

modifications except the regenerative, the specific fuel consumption decreases (about 

0.32kg/kWh to 0.17kg/kWh). As indicated in Figure 4.14a, this is as a result of the 

decrease in the exhaust temperature with the increase in the pressure ratio. The variation 

of GT cycles power output with pressure ratio shown in Figure 4.14d. As is evident, 

the increases in the pressure ratio leads to an increase in the power output depend on the 

configuration of the GT. But it is at the higher pressure ratio that the power variation is 

significant. Due to the burning of more fuel in the additional combustion chamber, the 

high power output is obtained in the reheated GT configuration (Carapellucci and 

Milazzo, 2005). It can be seen that the power output insignificance at lower pressure 

ratio.  

 

The effect of ambient temperature on the performance of the GT plants is shown 

in Figure 4.15. The variation of the exhaust temperature of the GT power plants with 

effect of the ambient temperature is demonstrated in Figure 4.15a. In case of all the 

modifications except the regenerative GT, the increase in the ambient temperature leads 

to a gradual increase of the exhaust temperature by about 10K. The regenerative applied 

to recover the heat from the flue gases to increase the air temperature that entering the 

combustion chamber is the main reason behind it. Therefore, as compared to the other 

GT configurations, the temperatures of the exhaust gases are decreased further 
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(Taniguchi et al., 2000; Arrieta and Lora, 2005; Erdam and Sevilgen, 2006; Kopac and 

Hilalci, 2007; Tiwari et al., 2010; De Sa and Al Zubaidy, 2011). The lower exhaust 

temperature of about 655K is obtained in the regenerative GT, while a higher 

temperature of about 1200K is obtained in the two-shaft GT.  

 

 

(a) Exhaust temperature                                 (b) Thermal efficiency 

 

 

(c) Specific fuel consumption 

 

Figure 4.15: Effect of ambient temperature on the performance of the gas-turbine 

plants. 
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The effect of ambient temperature on the thermal efficiency of the GT cycle for 

different configurations is shown in Figure 4.15b. The rising ambient temperature 

causes a reduction in the thermal efficiency. The rising ambient temperatures also result 

in the increased losses of the exhaust gases, which is also a reason for the reduction of 

the thermal efficiency (Harvey and Kane, 1997; Nishida et al., 2005; Bannai et al., 

2006; Hongguang et al., 2006). The optimum thermal efficiency for the GT is obtained 

at the following conditions: ambient temperature of 237K with regenerative GT and at 

ambient temperature of 327K a minimum thermal efficiency of 33% for intercooler GT 

configuration. The work of the compressor increases as the ambient temperature 

increases. Therefore, there is a reduction in the thermal efficiency for all the 

configurations.  

 

The design of the compressor of the GT is such that it maintains a constant air 

volume, while the mass is reduced with the increase in the ambient temperature 

(Mahmoudi et al., 2009). The mass flow is reduced to maintain the same volumetric 

flow, which leads to a reduction in the power output of the GT and an increase in the 

temperature at the inlet of the combustion chamber (Gorji and Fouladi, 2007). The GT 

thermal efficiency eventually decreases as there is decrease in the burning fuel and the 

turbine inlet temperature. Figure 4.15c indicates the variation of the specific fuel 

consumption with the effect of the ambient temperature of the GT power plant. The 

specific fuel consumption and the ambient temperature are directly proportional to each 

other (Yang, W. 1997; Kopac and Hilalci, 2007; De Sa and Al Zubaidy, 2011). For all 

the configurations of the GT, the specific fuel consumption increases with the increase 

in the ambient temperature. In the presence of the regenerative GT at the ambient 

temperature 327K, the lower specific fuel consumption occurs at 0.156kg/kWh. While 

with the reheated GT configuration at ambient temperature 327K, the higher specific 

fuel consumption occurs at 0.223kg/kWh.  

 

The comparison between predicted power outputs of the GT versus real results 

from Baiji GT plant is shown in Figure 4.16. For all the configurations, the power 

output has been observed to decrease with the increase in the ambient temperature. It is 

at the ambient temperatures at the regenerative and reheated GT, that the lower and the 

higher power outputs were obtained respectively. In the meantime for all the 
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configurations except the intercooler GT, a decrease in the power output by 26MW is 

observed when the ambient temperatures increased from 273K to 327K. The rise in the 

exhaust temperatures is the main reason behind this (Bannai et al., 2006). As compared 

to the Baiji GT plant, the predicted power output for various configurations of a GT 

obtained an enhanced power output. The Baiji GT plant is using the fuel oil, which 

when burned creates a loss in the power output due to incomplete combustion. On the 

contrary, the model proposed for the GT plant is designed to work on complete 

combustion of natural gas.  

 

 

 

Figure 4.16: Comparison between simulated power outputs versus actual results from 

Baiji gas-turbine power plant. 

 

The effect of the turbine inlet temperature on the performance of the GT plants 

is shown in Figure 4.17. The effect of the turbine inlet temperature on the exhaust 

temperature of the GT plants is shown in Figure 4.17a. It is observed that the increase in 

the turbine inlet temperature causes the temperature of the exhaust to rise also. This 

means that the enough heat is supplied by the high turbine inlet temperature to power 
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turbine, which is able to produce a higher exhaust gas and net work from the GT 

(Dechamps, 1998; Dellenback, 2002; Carapellucci, 2009; Kumar, 2010). Therefore, 

when the turbine inlet temperature increases from 1100 to 1900K for all configurations 

except regenerative GT, the exhaust temperature of the GT also increases by about 

700K. Although in reality, there is an increase of 150K in the exhaust temperature of the 

regenerative model. At lower turbine inlet temperature, there is a minor variation in the 

exhaust temperature, while at the higher turbine inlet temperature the exhaust 

temperature is significant for all the GT configurations. The variation of the thermal 

efficiency against the turbine inlet temperature for various configurations of the GT is 

shown in Figure 4.17b. It is observed that with the increase in the turbine inlet 

temperature, there is an increase in the thermal efficiency. There is a nominal deviation 

in the thermal efficiency at the lower turbine inlet temperature, while the deviation is 

significant at the higher turbine inlet temperature. This occurs owing to the increased 

work that the GT cycle has to do (Bassily, 2004; Bassily, 2008b). Therefore, to increase 

the thermal efficiency of the GT, the turbine inlet temperature becomes a very critical 

factor. Except the regenerative GT, there is an increase in the thermal efficiency of 

about 3.1% in all the configurations. At the higher turbine inlet temperatures, it is 

increased from 33.4 to 52.3% for the regenerative GT configuration. The effect of 

turbine inlet temperature on the specific fuel consumption of the GT plants for different 

configurations is shown in Figure 4.17c. The specific fuel consumption decreases from 

0.218 to 0.137kJ/kWh with an increase of the turbine inlet temperature for all 

configurations except the regenerative, which is reduced by about 0.01kJ/kWh. 

 

Figure 4.17d shows the variation of power output in terms of turbine inlet 

temperature. As is evident, the increase in the turbine inlet temperature leads to an 

increase in the power output. But it is at the higher turbine inlet temperature that the 

power variation is significant. Due to the burning of more fuel in the additional 

combustion chamber, the high power output is obtained in the reheated GT 

configuration (Harvey and Kane, 1997; Carapellucci and Milazzo, 2005). As less fuel 

was burnt in the combustion chamber of the regenerative GT, a lower power output is 

obtained in the regenerative GT configuration. This is also illustrated in Figure 4.17c.  
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(a) Exhaust temperature                                  (b) Thermal efficiency 

 

 

(c)  Specific fuel consumption                                (d) Power output 

 

Figure 4.17: Effect of the turbine inlet temperature on the performance of the gas-

turbine plants. 

 

The effect of the isentropic compressor efficiency on the performance of the GT 

plants is shown in Figure 4.18. The variation of the exhaust temperature of the GT with 

the isentropic compressor efficiency for different configurations is demonstrated in 

Figure 4.18a. In the case of all the configurations except the regenerative GT at a 

constant turbine inlet temperature, there is no evident effect of the exhaust temperature 

on the isentropic compressor efficiency. This occurs as the exhaust temperature is a 
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function of the turbine inlet temperature (Jeffs, 2008; Variny and Mierka, 2009; 

Woudstra et al., 2010; Bassily, 2012). The rise in the isentropic compressor efficiency 

leads to a decrease in the exhaust temperature from 780 to 631K for the regenerative 

GT.  

 

 

 

(a) Exhaust temperature                              (b) Thermal efficiency 

 

 

            

(c) Specific fuel consumption                          (d) Power output 

 

Figure 4.18: Effect of the isentropic compressor efficiency on the performance of the 

gas-turbine plants. 
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The effect of the isentropic compressor efficiencies on thermal efficiency for 

different configurations of the GT plant is shown in Figure 4.18b. The increase in the 

isentropic compressor efficiency leads to an increase in the thermal efficiency. An 

increase in the power output is obtained as a result of reduced thermal losses in the 

compressor, which results in the increase of thermal efficiency (Chiesa and Macchi, 

2004; Kehlhofer et al., 2009; Edris, 2010; Godoy et al., 2010). It is at the reheated GT 

that the lower thermal efficiency of 36.8% occurs, while it is at the regenerative GT that 

the higher thermal efficiency of 52.3% occurs. A noticeable deviation in the thermal 

efficiency at the higher isentropic compressor efficiency is obtained, while an 

insignificant deviation in the thermal efficiency is obtained at the lower isentropic 

compressor efficiency. The variation of the specific fuel consumption and isentropic 

compressor efficiency for various configurations is shown in Figure 4.18c. For all the 

configurations, the specific fuel consumption decreases with an increase of the 

isentropic compressor efficiency due to decreased the compressor losses (Shi and Che, 

2007; Gnanapragasam et al., 2009; Luciana et al., 2010; Basha et al., 2012). Therefore, 

there is a decrease in the fuel consumption of the GT plant. At the regenerative GT, the 

lower specific fuel consumption of (0.14 kg/kWh) is obtained, while at the reheated GT 

a higher specific fuel consumption of 0.2 kg/kWh. The effect of the isentropic 

compressor efficiency on the power output for different configurations is shown in 

Figure 4.18d. In case of all the configurations, the rise in the isentropic compressor 

efficiency leads to an increase in the power output. This is due to the reduction in the 

energy losses in the compressor of the GT (Bathie, 1996; Yadav and Jumhare, 2004; 

Mahmood and Mahdi, 2009). Although the lower power output (200 MW) occurs in the 

regenerative GT, the higher power output (about 253 MW) occurs in the reheated GT.  

 

The effect of the isentropic turbine efficiency on the performance of the GT 

plants is shown in Figure 4.19. The effect of the isentropic turbine efficiency on the 

exhaust temperature for different configurations is shown in Figure 4.19a. For all the 

configurations, the increase in the isentropic turbine efficiency leads to a decrease in the 

exhaust temperature. This is because of the conversion of the extra heat from the 

exhaust gases to create more useful power with increased of the isentropic turbine 

efficiency (Canière et al., 2006; Chandra et al., 2009; Chandraa et al., 2011). 
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(a) Exhaust temperature                          (b) Thermal efficiency 

 

 

 

         (c) Specific fuel consumption                          (d) Power output 

 

Figure 4.19: Effect of the isentropic turbine efficiency on the performance of the gas-

turbine plants. 

 

The two shafts GT has the highest exhaust temperature of 1251K, while the 

lowest exhaust temperature of 665K is obtained in the regenerative shaft. The variation 

of the thermal efficiency against the isentropic turbine efficiency of different 

configuration is shown in Figure 4.19b. There is an apparent increase in the thermal 
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efficiency for all the configurations, when there is an increase in the isentropic turbine 

efficiency. The increase work done by the turbine of the GT plant is the reason behind it 

(Ameri and Hejazi, 2004; Al-Sayed, 2008; Ameri et al., 2008). The regenerative GT 

have the occurrence of the higher thermal efficiency of 50.8%. Similar trends are 

observed in the thermal efficiency for other configurations of the GT, but the low 

energy losses with the exhaust gases resulted in a higher thermal efficiency for the 

regenerative model. The reheated GT had a 39.5% low thermal efficiency. The thermal 

efficiency is incredibly significant at higher isentropic turbine efficiency of the GT 

plants. 

 

The effect of the isentropic turbine efficiency on specific fuel consumption for 

different configurations is shown in Figure 4.19c. As the isentropic turbine efficiency 

increases, the specific fuel consumption decreases. At a constant turbine inlet 

temperature, the power output was increased with the increase in the isentropic turbine 

efficiency (Meherwan and Boyce, 2002; Leo et al., 2003; Sanjay et al., 2008; Godoy et 

al., 2011). Therefore, under the effect of these parameters, the specific fuel consumption 

was reduced. As more heat energy is recovered from the exhaust gases, the regenerative 

GT has a lower specific fuel consumption of 0.145 kg/kWh (Elmegaard and Qvale, 

2004; Kopac and Hilalci, 2007). This leads to reduce the specific fuel consumption in 

the regenerative GT configuration.  Similar behaviour is observed for the other GT 

configuration. It was at the higher isentropic turbine efficiency that the higher fuel 

consumption of 0.184 kg/kWh was obtained in the reheated GT. Figure 4.19d shows the 

variation of power output in terms of the isentropic turbine efficiency for different 

configurations of the GT. However, it is at the higher isentropic turbine efficiency that 

the power output increases linearly. The variations in the power output are significant at 

the higher isentropic turbine efficiency. As less fuel was burnt in the combustion 

chamber of the regenerative model, therefore a lower power output of 208MW is 

obtained in the regenerative GT configuration. As shown in Figure 4.19c, there is more 

fuel burnt in the additional combustion chamber, although the higher power output (268 

MW) obtained in the reheated GT configuration. In case of the huger isentropic turbine 

efficiency of the GT plants, there is a significant power output. According to the trends 

of the previous studies, the validity of the model is emphasized through the current 

results (Da Cunha Alves et al., 2001; Kumar, 2010; Boyce, 2012).  

http://pia.sagepub.com/search?author1=M.+A.+da+Cunha+Alves&sortspec=date&submit=Submit
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4.4 GAS TURBINE PERFORMANCE ENHANCING STRATEGIES 

 

To increase the performance, the effects of some specific parameters and the 

developments of the plant models upon the behaviour of the load of the GT plant is 

carried out. A study needs to be conducted on the dependency of the important plant 

variables on the GT power output, exhaust gas temperature, fuel and air flow rate. The 

parameter influence in terms of ambient temperature and pressure ratio on the 

performance of the GT plant is presented in this section. The energy-balance is used to 

obtain the effects of the factors on the thermal efficiency, specific fuel consumption and 

power output. A comparison between the simulated thermal efficiency of the 

intercooler-regenerative-reheat GT and the Bassily model combined with the effects of 

the different values of the pressure ratio and turbine inlet temperature is studied in 

Figure 4.20. When the pressure ratio rises till it reaches 12.6 at turbine inlet temperature 

1400K and 15 at turbine inlet temperature 1700K, then the thermal efficiency increases 

accordingly. After reach the pressure ratios the optimum values, the thermal efficiency 

start decreases with increase of the pressure ratio. In case of the regenerative strategy, 

the thermal efficiency started to increase with the pressure ratio after it had reached the 

value of 15. The thermal efficiency increased as there was a reduction in the losses due 

to the heat recovered from the flue gases (Khaliq and Choudhary, 2006). The 

regenerative model when applied to reduce the exhaust temperature, proved to be 

inefficient after the pressure ratio reached 15 (Kumar, 2010). In addition, there were two 

values added in the comparison such as, 1400 and 1700K, for the turbine inlet 

temperature (Bassily, 2001). The increase in the turbine inlet temperature leads to an 

increase in the thermal efficiency. As compared to the Bassily model, the simulation 

results for this model were satisfactory.  

 

Figure 4.21 shows the variation of performance of the GT plants with effect of 

the pressure ratio. The effect of the pressure ratio on the temperature of the exhaust 

gases of the GT for different configuration of performance enhancing strategies is 

shown in Figure 4.21a. The strategies that used the regenerative (RHGT, IRHGT, 

IRGT, IRTGT and RTGT) showed an increase in the exhaust temperature with an 

increase in the pressure ratio, while the strategies that were without the regenerative 

(STG, ITGT and IHGT) showed a decrease in the temperature of exhaust gases from the 
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GT with an increase in the pressure ratio. This usually occurs when the regenerative 

strategies are applied to recover the energy from the exhaust gases at a low pressure 

ratio (Khaliq and Choudhary, 2006; Kumar et al., 2007; Kang et al., 2012). Hence, the 

increase in the pressure ratio leads to a decrease in the exhaust temperature. 

 

 

 

Figure 4.20: Comparison between simulated thermal efficiency of the intercooler-

regenerative-reheat gas turbine and Bassily model with the effect of the pressure ratio. 

 

When the pressure ratio increased from 3 to 30 in the strategies with 

regenerative, the exhaust temperature increases about 120 to 300K. This is owing to 

more heat recovered from the exhaust gases in the regenerative heat exchanger at low 

pressure ratio (Kang et al., 2012). When the pressure ratio increased from 3 to 30 for 

other strategies, the exhaust temperature was decreased about 210K to 390K. In 

addition, it was observed that the highest exhaust temperature occurred at IHGT, while 

the lowest exhaust temperatures occurred at IRGT. It also became evident that 

significant variations in the exhaust temperatures were obtained at the higher pressure 

ratios, while minimum variations were obtained at the lower pressure ratios.  



144 
 

 

 

 

(a) Exhaust temperature                                      (b) Thermal efficiency 

 

 

 

              (c) Specific fuel consumption                        (d) Power output 

 

Figure 4.21: Variation of pressure ratio on the performance of the gas-turbine plants 

 

The characteristic curves of all performance enhancing strategies at a turbine 

inlet temperature of 1450 K, constant ambient temperature of 288.15 K, and relative 

humidity of 60% was shown in Figure 4.21b. As mentioned above, the thermal 

efficiency increased with the increase in the pressure ratio, after the value of the 
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pressure ratio reached 6.4 for the regenerative strategies (RHGT, IRHGT, IRGT and 

RTGT). The thermal efficiency decreased for an increase in the pressure ratio, after the 

value of pressure ratio had reached 12.4 in the IRTGT strategy. Furthermore, the 

thermal efficiency increased with an increase in the pressure ratio, for all the strategies 

without regenerative (STG, ITGT and IHGT). The reason was the low exhaust 

temperature as compared to other strategies. This is evident from Figure 4.21a. At the 

pressure ratio of 12.4 in the IRHGT, the higher (best) thermal efficiency obtained was 

50.7%. While in the IHGT, the lowest thermal efficiency of 22% to 39.3% was obtained 

in the presence of the pressure ratio between 3 and 30. Similarly, a noticeable variation 

in the thermal efficiency was observed at the lowest pressure ratio, while an 

insignificant variation in the thermal efficiency was obtained at a low pressure ratio for 

all the performance enhancing strategies of the GT.  

 

The variation of effect of the pressure ratio on the specific fuel consumption for 

different performance enhancing strategies of the GT cycle was observed in 

Figure 4.21c. It is also observed that the specific fuel consumption decreased with 

increased of the pressure ratio for the strategies without regenerative. The elevated 

temperatures at which the air exits the compressors and enters the combustion chamber 

of the GT are the main factors behind this (Sadeghi et al., 2006; Huang et al., 2007; 

Chandra et al., 2009; Chandraa et al., 2011). Therefore, to attain the required turbine 

inlet temperature, the specific fuel consumption was dropped. The specific fuel 

consumption increased with the increase in the pressure ratio in the presence of the 

regenerative strategies. Under the influence of the pressure ratio, a lower specific fuel 

consumption of 0.15 kg/kWh in the IRHGT strategy was obtained. This is as the heat 

from the exhaust was recovered by using the regenerative. This heat was used to 

increase the temperature of the air entering the combustion chamber (Bassily, 2001; 

Khaliq and Choudhary, 2006). When the pressure ratio increased from 3 to 30, the 

higher value of the specific fuel consumption was varying from 0.336 to 0.189 kg/kWh 

in the IHGT. The main factor was the high exhaust temperature as shown by 

Figure 4.21a. The high pressure ratio seemed to leave an impact on the specific fuel 

consumption, while the low pressure ratio’s effect was insignificant. 
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Figure 4.21d shows the effect of pressure ratio on the power output of the GT 

plants for different performance enhancing strategies. Due to the mass flow rate through 

the GT, as the pressure ratio increases, the power output increases too (Da Cunha Alves 

et al., 2001; Tyagi et al., 2005; Lingen et al., 2011). This results in the increase of the 

net work as well as the power output. These conditions occurs in all the GT strategies 

with the exception of SGT and RTGT, where after reaching the pressure ratio of 15 

there was a decrease in the power output with the increase in the pressure ratio. In case 

of all the GT strategies, the lower pressure ratios showed insignificant variations in the 

power output, while it is significant for the high pressure ratio. In addition, when the 

pressure ratio increased from 3 to 30, the lower output strategy in the RTGT strategy 

was increased from 132 to 169 MW. On the other hand in the IHGT strategy, the higher 

output occurred, which was increased from 144 to 286 MW after reaching the pressure 

ratio from 3 to 30.   

 

The effect of ambient temperature on the performance of the GT plants is shown 

in Figure 4.22. The effect of the ambient temperature on the exhaust temperature of the 

GT for different performance enhancing strategies is shown in Figure 4.22a. The 

exhaust temperature increased gradually from 10 to 20K for all the GT strategies, when 

the ambient temperature increased from 273 to 327K. While in the RHGT and RTGT 

strategy the exhaust temperature was increased about 85K, when the ambient 

temperature increased from 237 to 327K. In the IRGT strategy of the GT plant, the 

lowest exhaust temperature obtained was 481K. Under the effect of the ambient 

temperature, the higher exhaust temperature was about 1017 K in the IHGT strategy of 

the GT. Since the high ambient temperature leads to increase the work of the 

compressor, then decreased the work net thus increased the losses with exhaust gases 

(Cetin, B. 2006; Kurt et al., 2009). At the same time, at the high ambient temperatures, 

the variations in the exhaust temperature of the GT are significant. 

 

The variation in thermal efficiency with ambient temperature for all performance 

enhancing strategies of the GT at a pressure ratio of 12 ,a constant turbine inlet 

temperature of 1450 K and an ambient relative humidity of 60% and are shown in 

Figure 4.22b. The losses in the thermal efficiency due to use all performance enhancing 

strategies of the GT increases as the ambient temperature increases. This is owing to the 

http://pia.sagepub.com/search?author1=M.+A.+da+Cunha+Alves&sortspec=date&submit=Submit
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decrease in the net power output and an increase in the work of the compressor 

(Horlock et al., 2003; Marx, 2007). It further increased the losses of the exhaust gases 

with the increase in the ambient temperatures, which led to a reduction in the thermal 

efficiency of GT. This is shown by Figure 22a. The lowest efficiency occurs in the 

IHGT strategy, while the highest thermal efficiency occurs at IRHGT strategy. The 

maximum reduction in the thermal efficiency was occurred in the RTGT strategy, from 

48.5 to 41.7% when the ambient temperature increased from 273 to 327K. 

 

 

 

(a) Exhaust temperature                                      (b) Thermal efficiency 

 

 

 

         (c) Specific fuel consumption                              (d) Power output 

 

Figure 4.22: Effect of ambient temperature on the performance of the gas-turbine 

plants. 



148 
 

The variation of the specific fuel consumption with the effect of the ambient 

temperature for various performance enhancing strategies of the GT is shown in 

Figure 4.22c. It demonstrated that the increase in the ambient temperatures led to an 

increase in the specific fuel consumption. The specific fuel consumption increased 

about 0.01 to 0.028kg/kWh, when the ambient temperature increased from 273 to 327K. 

The reason behind was the usage of more fuel to reparation the power that consumption 

in the air compressor of the GT. When the ambient temperature increased to 327K, the 

higher specific fuel consumption (0.234kg/kWh) occurred at the IRHGT strategy. In the 

IHGT strategy, the lower fuel consumption occurs and is increasing from 0.142 to 

0.151kg/kWh when the ambient temperature increased from 273 to 327K. The variation 

of the power output with effect of the ambient temperature for different performance 

enhancing strategies of the GT plants is shown in Figure 4.22d. There is a reduction in 

the energy losses for all the performance enhancing strategies of the GT with the 

increase in the ambient temperature. This is owing to the increase in the compressor 

work and a decrease in the net power output (Najjar and Aldoss, 1986; Mucino, 2007). 

In addition, the losses increased with an increase in the exhaust temperature which 

eventually led to a decrease in the power output (Hariz, 2010). A drop in the mass flow 

rate of the air enters to the GT occurs due to the decrease in the density of the inlet air to 

the compressor (Nishida et al., 2005; Kumar et al., 2007). At the same time, there are 

decreases in the power output due to the increase in the work required to compress the 

hot air in the compressor of the GT (Ondryas and Wilson, 1993; Mahmoudi et al., 

2009). When the temperature of the air falls, there is an opposite effect (Mohanty and 

Paloso, 1995; Zadpoor and Golshan, 2006; Marcos and João, 2005). The higher power 

output occurred in the IHGT strategy, which was decreased from 248 to 242 MW. The 

lower power output was obtained in the IRGT strategy. When the ambient temperatures 

were increased from 273 to 327K, the power output was reduced from 159 to 151MW.  

 

The variation of the performance with effect of the turbine inlet temperature for 

different performance enhancing strategies of the GT plant is shown in Figure 4.23. A 

positive effect is obtained generally by increasing the turbine inlet temperatures in all 

the GT performance parameters. This behaviour is more prominent at the higher turbine 

inlet temperature due to the least importance given to the component losses 

(Sheikhbeigi and Ghofrani, 2007). The variation of the exhaust temperature of the GT 
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with effect of the turbine inlet temperature for different performance enhancing 

strategies is shown in Figure 4.23a. Generally, with an increase in the turbine inlet 

temperature, there was an increase in the exhaust temperature. A high increase is in the 

exhaust temperature is evident after an increase in the inlet temperature for all the 

strategies of the GT plant. In all the strategies that were not based on the regenerative 

(STG, ITGT and IHGT), there is an increase in the turbine inlet temperatures with an 

increase in the exhaust temperatures reaching to about 680K. On the contrary, in 

strategies that were based on the regenerative strategies (RHGT, IRHGT, IRGT, IRTGT 

and RTGT), the increase in the turbine inlet temperature led to a gradual increase of the 

exhaust temperatures reaching to about 120K. The lowest exhaust temperatures seem to 

occur in the IRGT strategy, while the highest exhaust temperatures occurred in the 

IHGT strategy. At the higher inlet temperature, the deviation in the exhaust 

temperatures is significant. The variation in thermal efficiency with the turbine inlet 

temperature for different performance enhancing strategies of the GT at an ambient 

relative humidity of 60%, constant pressure ratio of 12 and an ambient temperature of 

288 K are shown in Figure 4,23b. The heat supply to the GT increases with the increase 

in the turbine inlet temperatures (Najjar, 1997; Bassily, 2008b; Saravanamuttoo et al., 

2009). Therefore, for all the performance enhancing strategies of the GT plant, there is 

an increase in the thermal efficiency. It is evident that with an increase in the turbine 

inlet temperature, there was a gradual increase in the thermal efficiency of about 3.3% 

for the GT for all the strategies that were not based on the regenerative model (STG, 

ITGT and IHGT). On the other hand, there was a sharp rise in the thermal efficiency of 

22% for the GT of the strategies based on the regenerative with an increase in the 

turbine inlet temperature. The higher thermal efficiency occurred in the IRHGT 

strategy, while the lowest thermal efficiency occurred in the IHGT strategy. 

 

The variation of the specific fuel consumption for different performance 

enhancing strategies of the GT with effect of the turbine inlet temperature was shown in 

Figure 4.23c. When the turbine inlet temperature increased at a fixed value of air mass 

flow rate at 500.4kg/s and pressure ratio at 12, there was a decrease in the specific fuel 

consumption for all the strategies of the GT plant. As the turbine inlet temperatures 

increased, there was a gradual decrease in the specific fuel consumption by 

0.016kg/kWh for all the strategies without regenerative (STG, ITGT and IHGT).  
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(a) Exhaust temperature                               (b) Thermal efficiency 

 

 

(c) Specific fuel consumption                          (d) Power output 

 

Figure 4.23: Effect of the turbine inlet temperature on the performance of the gas-

turbine plants. 

 

There is a reduction in the specific fuel consumption of the GT for these 

strategies by 0.076kg/kWh at a steeper slope with an increase in the turbine inlet 

temperature for all the strategies based on the regenerative (RHGT, IRHGT, IRGT, 

IRTGT and RTGT). This was owing to the reduction in the burnt fuel due to the use of 

the exhaust gases to warm the air entering the combustion chamber in the regenerative 

(Facchini, 1993; Sheikhbeigi and Ghofrani, 2007; Lingen et al., 2011). The lowest 

specific fuel consumption happens in the IRHGT strategy, while the highest specific 
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fuel consumption occurred in the IHGT strategy. Figure 4.23d shows the variation in the 

power output in terms of the turbine inlet temperature for the various performance 

enhancing strategies of the GT plant. The increase in the turbine inlet temperature leads 

to a linear increase in the power output. Therefore, a significant enhancement in the 

power output for all the strategies may be expected with an increase in the turbine inlet 

temperature. The average temperatures at which the heat is supplied increases with the 

increase in the turbine inlet temperature, which eventually leads to an increase in the 

power output (Bassily, 2012). However, at the higher value of the turbine inlet 

temperature, there is a noticeable variation in the power output. When the turbine inlet 

temperatures are increased from 1100 to 1900K, the highest power output of IHGT is 

obtained increased from 142 to 407MW. In the case of the IRGT strategy, the highest 

power output occurs from 96 to 264 MW when the turbine inlet temperatures are 

increased from 1100 to 1900K. As a result, at the higher turbine inlet temperature of the 

GT plants, the power output is significant.  

 

Figure 4.24 shows the relation between the isentropic compressor efficiency and 

performance of the GT. The variation the exhaust temperature for different performance 

enhancing strategies of the GT plants with effect of the isentropic compressor efficiency 

is shown in Figure 4.24a. For all the strategies of the GT plant, there was a decrease in 

the exhaust temperatures with the increase in the isentropic compressor efficiency. 

There is a very low decrease obtained for the exhaust temperatures in all the non-

regenerative strategies. When the isentropic compressor efficiency was increased from 

70 to 100%, there was a sharp drop in the exhaust temperatures with the increase in the 

isentropic compressor efficiency. The exhaust temperatures dropped about 36 to 158K. 

This is owing to the increase in the air temperature at the compressor exit with the 

increase in the isentropic compressor efficiency (Bassily, 2001; Tyagi et al., 2005; 

Razak, 2007). The exhaust temperature increases as the heat exchange between the air 

and the gases through the regenerative is inefficient. The lowest exhaust temperatures 

occur in the IRGT strategies, while the highest exhaust temperatures occur at the IHGT 

strategy. In addition it was observed that there was a minor variation obtained in the 

exhaust temperature at the higher isentropic compressor efficiency, while a significant 

variation in the exhaust temperatures were obtained at the lower isentropic compressor 

efficiency.  
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Figure 4.24b shows the effect of the isentropic compressor efficiencies on 

thermal efficiency for different performance enhancing strategies of the GT plant at a 

turbine inlet temperature of 1450 K, a constant ambient temperature of 288.15 K, 

pressure ratio of 12 and relative humidity of 60%. It was also seen that with the increase 

in the isentropic compressor efficiency, there was a good gain in the thermal efficiency 

of the GT. While, when the isentropic compression efficiency increased, there was a 

gradual gain in the thermal efficiency of the GT for the strategies without the 

regenerative of about 12%. When the isentropic compressor efficiency increased from 

70 to 100%, there was a high gain in the thermal efficiency of about 17-25% for the 

regenerative strategies. This is owing to the decrease in the compressor losses because 

of the increase in the isentropic compressor efficiency (Farshi et al., 2008; Nag, 2008). 

Therefore, the net power output is increased. The lowest thermal efficiency occurs at the 

IHGT strategy, while the highest thermal efficiency occurs at the IRHGT strategy. 

 

The variation the specific fuel consumption for different performance enhancing 

strategies of the GT plants with effect of the isentropic compressor efficiency is shown 

in Figure 4.24c. When the isentropic compressor efficiency increased, there was a 

decrease in the specific fuel consumption for all the strategies of the GT plant. In 

addition, when the isentropic compressor efficiency increased from 70 to 100%, a 

lowest drop in the specific fuel consumption was obtained from 0.188 to 0.137kg/kWh 

in the IRGT strategy. When the isentropic compressor efficiency increased from 70 to 

100%, there was decrease in the higher specific fuel consumption from 0.28 to 

0.208kg/kWh in the IHGT strategy. The relation between the power output and 

isentropic compressor efficiency for various performance enhancing strategies of the 

GT plants is shown in Figure 24d. In case of all the strategies of the GT plant, there was 

an increase in the power output with the increase in the isentropic compressor 

efficiency. The main reason behind it was the reduction in the compressor losses, which 

eventually led to the increase in the net work of GT (Boonnasa et al., 2006; Boyce, 

2012). 
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(a) Exhaust temperature                                      (b) Thermal efficiency 

    

          (c) Specific fuel consumption                        (d) Power output 

 

Figure 4.24: Effect of the isentropic compressor efficiency on the performance of the 

gas-turbine plants. 

 

When the isentropic compressor efficiency increases from 70 to 100%, the 

highest power output in the IHGT strategy rises from 182 to 266 MW. On the other 

hand when the isentropic compression efficiency rises from 70% to 100% in the IRGT 

strategy, then the lowest power output is obtained, which rises from 129 to 167MW. 

The performance variation of the GT plants with effect of the isentropic turbine 

efficiency for different performance enhancing strategies is shown in Figure 4.25. The 

variation in the exhaust temperatures for different performance enhancing strategies of 

the GT plants with effect of the isentropic turbine efficiency at the turbine inlet 

temperature of 1450 K, a constant value of ambient temperature of 288.15 K, pressure 
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ratio of 12 and relative humidity of 60% is shown in Figure 4.25a. It was also observed, 

that when the isentropic efficiency increased, there was a reduction in the exhaust 

temperatures of the GT for all the regenerative strategies. This owing to the regenerative 

strategies applied to recover the heat from the exhaust gases (McDonald and Wilson, 

1996; Bassily, 2004; Sayyaadi and Aminian, 2010). In addition, when the isentropic 

turbine efficiency increased, there was a gradual decrease in the exhaust temperatures of 

the GT for all the regenerative strategies. While the lowest exhaust temperature (about 

480 K) of the GT occurs in the IRGT strategy and the highest exhaust temperature 

(about 1100 K) of the GT occurs in the IHGT strategy. The variation of the thermal 

efficiency with effect of the isentropic turbine efficiency for different performance 

enhancing strategies of the GT plants is shown in Figure 4.25b. Therefore, it is evident 

that the increase in the isentropic turbine efficiency for all the strategies of the GT plant 

leads to the linear increase in the thermal efficiency. When the isentropic turbine 

efficiency increased from 70 to 100%, the higher thermal efficiency occurred in the 

IRHGT strategy, which increased from 39.7 to 54.6%. In addition, similar behaviours as 

the IRHGT strategy are evident from the thermal efficiency for other strategies of GT. 

Also with the increase in the isentropic turbine efficiency from 70 to 100%, there was 

an increase in the lower thermal efficiency obtained in the IHGT from 23.4% to 38%. 

The thermal efficiencies of the strategies with regenerative had a higher thermal 

efficiency as compared to the strategies without regenerative. This is because of the 

comparatively low energy losses in the regenerative configuration as compared to other 

configurations (Khaliq and Choudhary, 2006;  Razak, 2007; Kumar, 2010). At the 

higher isentropic turbine efficiency of the GT plants, the thermal efficiency is 

significant. The variation of the specific fuel consumption with effect of the isentropic 

turbine efficiency for different performance enhancing strategies of the GT plants is 

shown in Figure 4.25c. There was a decrease in the specific fuel consumption with the 

increase in the isentropic turbine efficiency of the GT. Since, the lower specific fuel 

consumption occurs in the IRHGT strategy, and it is reduce from 0.183 to 

0.136 kg/kWh with an increase of the isentropic turbine efficiency from 70 to 100%. 

The increase in the isentropic efficiency from 70 to 100% leads to decrease in the higher 

specific fuel consumption in the IHGT strategy from 0.314 to 0.136 kg/kWh. Therefore, 

the specific fuel consumption of strategies with regenerative was lower than those 

without the regenerative. This is because of the low amount of fuel spent owing to the 
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low energy losses from the exhaust gases in the regenerative configuration (Erdam and 

Sevilgen, 2006; Luciana et al., 2010; Basha et al., 2012). 

 

    

 

          (a) Exhaust temperature                                      (b) Thermal efficiency 

 

    

 

              (c) Specific fuel consumption                                   (d) Power output 

 

Figure 4.25: Effect of the isentropic turbine efficiency on the performance of the gas-

turbine plants. 

 

Figure 4.25d shows the variation of power output in terms of the isentropic 

turbine efficiency for the different performance enhancing strategies of the GT plant. It 

is obvious that with the increase in the isentropic efficiency there is an increase in the 
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power output. Hence, a significant improvement in the power output for all the 

strategies is expected after an increase in the isentropic turbine efficiency. This is due to 

the increase work done as a result (Bathie, 1996; Badran, 1999). The higher power 

output was achieved in the IHGT strategy, which sees a rise in the power from 163 to 

268 MW when the isentropic turbine efficiency is increased from 106 to 179MW. 

Similarly, it was at the high isentropic efficiency of the GT plants that a significant 

variation in the power output was observed. 

 

4.5 MULTI-PRESSURES HRSG OF A COMBINED CYCLE 

 

Depending on the HRSG, the parametric analysis is performed for the various 

configurations of the combined cycle power plant (CCGT). As shown in Figure 4.26, 

4.27, 4.28, 4.29 and 3.40, the HRSG considered were; single pressure (SPCC), double-

pressure (DPCC), triple-pressures (TPCC), triple-pressure with reheats (TPRCC), and 

supplementary firing triple pressure with reheat (TPRBCC). The design parameters 

considered in the analysis are as the following; turbine inlet temperature, pressure ratio, 

ambient temperature, and isentropic compressor and turbine efficiency of a GT and 

steam pressure of a steam turbine (ST). The development of the thermodynamic model 

was on the basis of the existing actual CCGT. The THERMOFLEX software was used 

to develop the performance model code for the comparison of the CCGT power plants. 

This will help in the study of the temperature heat transfer diagrams of the HRSG 

performance and the effects of design parameters in the plant such as power output, 

overall thermal efficiency, heat rate and specific fuel consumption. The real power plant 

of MARAFIQ in saudi Arabia is used to verify the effects of the pressure ratio, ambient 

temperature of the GT cycle and pressure of the superheat steam of ST cycle on the 

overall thermal efficiency and power output in the CCGT. There are three GT units in 

the MARAFIQ CCGT power plants with the three supplementary firing triple pressures 

with reheat HRSG units, that are connected to one ST. 
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Figure 4.26: A schematic diagram of the of the SPCC power plant model. 
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Figure 4.27: A schematic diagram of the of the DPCC power plant model. 

 

A comparison between the simulated overall efficiency of the combined cycle 

and the Kottha model together with the effect of different values of the turbine inlet 

temperature are shown in Figure 4.30. This Figure plot for same parameters values, but 

Kottha model was developed base on approximation value for the specific heat.  It is 

evident that with the increase in the turbine inlet temperature, there is an increase in the 

overall efficiency. As compared to the Kottha model, the simulation results were very 

satisfactory (Kottha, 2004). The development of the simulation models on the basis of 

the operating, ambient and design conditions are the main factors behind this. On the 

other hand, some values were assumed by the Kottha model and used approximation to 

solve the model. 
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Figure 4.28: A schematic diagram of the of the TPCC power plant model. 
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Figure 4.29: A schematic diagram of the of the TPRCC power plant model. 

 

Figure 4.31 shows the effect of steam cycle high pressure on performance of the 

combined cycle (CCGT) for different configurations of the HRSG. The effect of steam 

cycle high pressure on the overall thermal efficiency of the CCGT of different 

configurations of the HRSG is shown in Figure 4.31a. It was observed that the overall 

efficiency of the configuration was increased after increasing the steam pressure of 

HRSG. All the configurations had the overall efficiency enhanced.  With the exception 

of the SPCC configuration for HRSG, the overall efficiency of the cycle increased for 

the DPCC, TPCC, TPRCC and TPRBCC which made them suitable for the power 
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plants. The comparison between the simulated overall power outputs of the CCGT 

configuration versus real results by MARAFIQ CCGT power plant is shown in 

Figure 4.31b. It is also evident that the increase in the steam pressure of the HRSG leads 

to an increase in the overall power output of the cycle. In addition, as compared to the 

other configurations, the TPRBCC configuration has a higher power. While in 

comparison with the MARAFIQ CCGT power plant, the power output from the 

TPRBCC power plant is much higher. This is owing to the assumption that the 

simulation model is based in the complete combustion. Further on, the operating and the 

type of fuel used has also contributed in the increase in the losses from the real power 

plants (Dechamps, 1998; Çolpan, 2005; Çolpan and Yesin, 2006b).  

 

 

 

Figure 4.30: Comparison between simulated overall efficiency of the combined cycle 

and Kottha model with the effect of the turbine inlet temperature. 
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(a) Thermal efficiency 

 

(b) Power output 

 

Figure 4.31: Effect of steam pressure on performance of the CCGT power plants for 

configurations of the HRSG. 
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The variation of exhaust temperature and steam mass flow rate of the CCGT for 

different configurations of HRSG with effect of the pressure ratio is shown in Figure 

4.32. The effect of pressure ratio on the exhaust temperature of the GT and HRSG 

configurations is shown in Figure 4.32a. It is evident that with the increase in the 

pressure ratio for all the configurations of CCGT, there is a decrease in the temperature 

of the exhaust gases of the GT cycle. This is due to the similar specifications of GT for 

all the configurations. The increase in the pressure ratio may also cause an increase in 

the exhaust gas temperature of the HRSG (Valdes et al., 2004). There is a much lower 

temperature of the exhaust gases from the HRSG in the TPRBCC configuration. As a 

result, there is also a higher exhaust gas temperature in the SPCC from the HRSG. Less 

energy is recovered from the exhaust gases that have passed through the HRSG. Figure 

4.32b shows the effect of the pressure ratio on the steam mass flow rate of the CCGT 

power plants configuration. When the pressure ratio increases from 10 to 30; there is a 

decrease in the steam generated by about 140kg/s in the ST cycle. The reduction in the 

exhaust gas temperature after an increase in the pressure ratio is the main reason behind 

this. The number of pinch points is determine the mass generated steam, which are one 

for SPCC, two for DPCC and three for TPCC, TPRCC and TPRBCC. Therefore, the 

amount of steam generated increases with the number of pressure levels. Bassily (2007) 

discussed similar trends in the results. In every case, there were other factors such as, 

pressure that determined the mass of the generated steam effect. The phasing out of 

steam at the various configurations, temperatures and pressures determine the steam 

generated (Sanjay, 2011).  

 

The comparison between simulated power outputs of the GT and ST 

configuration versus the real power plants of MARAFIQ CCGT in Saudi Arabia is 

shown in Figure 4.33. The MARAFIQ plant consists from three GT and three HRSG 

connected with one ST to produce about 840 MW (510MW from GTs and 330MW 

from ST). It was observed that when the pressure ratio reached the value of 12.6, then 

the GT power output decreased with the increase in the pressure ratio. The increase in 

the pressure ratio led to a decrease in the steam turbine power output. This is owing to 

the opposite effect of the pressure ratio on the steam generated in the ST power plant 

(Ganapathy, 1991; Kehlhofer et al., 2009; Franco, 2011). 
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(a) Exhaust temperature 

 

(b) Steam mass flow rate 

 

Figure 4.32: Effect of the pressure ratio on exhaust temperature and steam mass flow 

rate of the CCGT for different configurations of HRSG. 
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The increase in the pressure ratio leads to a decrease in the steam generated in 

the HRSG. This is shown in Figure 4.32b.  This is owing to reduced exhaust gases 

temperature from the GT and the increased temperature of the exhaust gases from the 

HRSG. The amount of energy recovered is reduced from the exhaust gases in the HRSG 

(Zhang and Cai, 2002). The simulation results are agreeable compared with the real 

power plants of MARAFIQ CCGT. 

 

 

 

Figure 4.33: Comparison between simulated power outputs of the GT and ST 

configuration versus real results from MARAFIQ CCGT power plant with effect of the 

pressure ratio. 
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(a) Overall thermal efficiency 

   

 

                      (b) Heat rate                                 (c) Specific fuel consumption 

 

Figure 4.34: Effect of the pressure ratio on performance of different configurations of 

the CCGT power plants 

 

The effect of the pressure ratio on performance of the CCGT power plants for 

different configurations of the HRSG is shown in Figure 4.34. The effect of pressure 

ratio on the overall thermal efficiency of CCGT plants configurations is shown in 

Figure 3.34a. There is an increase in the overall thermal efficiency with an increase in 

the pressure ratio. But the thermal efficiency starts to decrease with the increasing 

pressure ratio after the pressure ratio reaches a value of 18-20. This is owing to the 
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reduction in the power of the GT cycle with the increasing pressure ratio (Sanjay, 2011). 

In addition, the increase in the pressure ratio results in the decrease of the steam 

generated in the HRSG. Secondly, a lower overall thermal efficiency is obtained in the 

SPCC, while a higher overall efficiency is obtained in the TPRCC configuration. Figure 

4.34b shows the effect of the pressure ratio on the heat rate of the CCGT power plants 

configurations. It was also observed, that the increasing pressure ratio was matched with 

a decreasing heat rate. But after the pressure ratio reached 18-20, an increase in the heat 

rate was seen with the increase in the pressure ratio. The effect of the pressure ratio on 

the specific fuel consumption of the CCGT power plant configurations is shown in 

Figure 4.34c. It is clearly evident that with the higher specific fuel consumption 

occurred with the SPCC configuration, while a lower specific fuel consumption 

occurred at the TPRCC with a pressure ratio of 18.  

 

 

 

Figure 4.35: Comparison between simulated overall power outputs versus real results 

from MARAFIQ CCGT power plant with effect of the pressure ratio 
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The simulated overall power outputs of the CCGT configuration were compared 

with the real results from MARAFIQ CCGT in Saudi Arabia along with the effect of 

pressure ratio and presented in Figure 4.35. The increase in the pressure ratio of GT 

cycle for all the configurations resulted in the reduction of the overall power output. 

Higher overall outputs were obtained in the TPRBCC, while a lower overall output was 

obtained in the SPCC. The TPRBCC configuration power plant has a much higher 

overall power output as compared to the MARAFIQ CCGT, as the real CCGT plant has 

many losses because of leakages, incomplete combustion and control problem.  

 

The effect of the ambient temperature on the exhaust temperature and steam 

mass flow rate of the CCGT for different configurations of HRSG is shown in 

Figure 4.36. The effect of the ambient temperature on the exhaust gases temperature of 

the GT and HRSG of multi-configurations is shown in Figure 4.36a. The increase in the 

ambient temperatures also meant an increase in the exhaust gases temperature of the 

GT. On the contrary, the rising ambient temperatures in the HRSG imply a decrease in 

the exhaust gas temperatures. As compared to the GT, the TPRBCC configuration has a 

higher exhaust gas temperature, while from the HRSG, it gets lower exhaust 

temperatures. This shows that the HRSG allows recovering the best amount of energy 

from the exhaust gases (Bannai et al., 2006). The effect of the ambient temperature on 

the steam mass flow rate (generated steam) of multi-configurations of the combined 

cycle is shown in Figure 4.36b. When the ambient temperature increased from 273K to 

323K, the generated steam in the steam cycle increased about 11 to 14kg/s. 

 

The comparison between simulated power outputs of the GT and ST 

configuration versus real results from MARAFIQ CCGT power plant with effect of the 

ambient temperature is shown in Figure 4.37. As the ambient temperatures increased 

from 273K to 323K, there was a reduction in the power output (about 90MW) of the 

GT. This is owing to the increased losses in the power of the compressor of the GT. 

Less air can be compressed by the compressor as the ambient air rises due to the limited 

withdrawing capacity. This leads to a reduction in the GT power output at a given 

turbine inlet temperature. 
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(a) Exhaust temperature 

 

(b) Steam mass flow rate 

 

Figure 4.36: Effect of the ambient temperature on the exhaust temperature and steam 

mass flow rate of the CCGT for different configurations of HRSG. 



170 
 

 

 

Figure 4.37: Comparison between simulated power outputs of the GT and ST versus 

real results from MARAFIQ CCGT plant with effect of the ambient temperature. 

 

The limited volume of the air increases in proportionality to the intake air 

temperature, which leads to an increase in the compressor work (Xiaojun et al., 2010). 

The increase in the ambient temperature led to an increase in the power output of the 

steam turbine. This is owing to the increasing temperature of the exhaust gases from the 

GT due to the rising ambient temperatures. This leads to an increase in the steam 

generated in the HRSG (Felipe et al., 2005). The simulation results are adequate 

compared with the real GT and ST power output of MARAFIQ CCGT. 
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Figure 4.38 shows effect of the ambient temperature on the performance of the 

CCGT power plants configurations. The effect of the ambient temperature on the 

overall thermal efficiency of the multi-configurations of the combined cycle is shown in 

Figure 4.38a. The overall thermal efficiency decreased with the increase of the ambient 

temperatures for each of the configuration of the combined cycle plants. This is due to 

the increase in the work consumption of the compressor and the increasing temperatures 

of exhaust gases. The result is the increase in the thermal losses as well (Tiwari et al., 

2010; Basrawi et al., 2011).  When the ambient temperature increased from 273K to 

323K, there was a decrease in the thermal efficiency of about 0.9%. A lower overall 

thermal efficiency was obtained in the SPCC, while a higher overall thermal efficiency 

was obtained in the TPRCC configuration. The effect of the ambient temperature on the 

heat rate for different configurations of the combined cycle plants is shown in Figure 

4.38b. It is evident that the increase in the ambient temperatures led to an increase in the 

heat rate. When the ambient temperature increases from 273K to 323K, there is an 

increase in the heat rate by about 119 (kJ/kW.h). This is shown in Figure 4.38b. The 

effect of ambient temperature on the specific fuel consumption of different 

configurations of the combined cycle plants is shown in Figure 4.38c. The increase in 

the compressor work is due to the increase in the ambient temperatures with the increase 

in the amount of fuel consumed (Sadrameli and Goswami, 2007; Polyzakis et al., 2008). 

It is at the ambient temperature of 283K that the best specific fuel consumption for the 

three configurations may occur. The lower specific fuel consumption occurred with 

TPRCC configuration, while the higher specific fuel consumption occurred with SPCC 

configuration.  

 

The simulated overall power outputs of different configurations of the combined 

cycle have been compared with the real results from MARAFIQ combined cycle plant 

with effect of the ambient temperature, and their results have been presented in 

Figure 4.39. These results have been analyzed keeping in mind the fact that a lower 

output is obtained when a lower density air is used with a higher compressor work 

(Bolland, 1991; Arrieta and Lora, 2005; Boonnasa et al., 2006; Hosseini et al., 2007). 

Therefore, the increase in the ambient temperatures leads to the decrease in the overall 

power output of all the configurations of the combined cycle. Consequently, with the 

increase of the ambient temperatures from 273K to 323K, there is a decrease in the 
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overall power output of about 76MW. In addition, it is at the TPRBCC configuration of 

the combined cycle that the higher power output occurs. In comparison to the 

MARAFIQ combined cycle plant, the simulated power output for the four 

configurations of the combined cycle were lower. On the contrary, better results were 

obtained with the TPRBCC when compared with the MARAFIQ combined cycle.  

 

 

(a) Overall thermal efficiency 

      

                          (b) Heat rate                                       (c) Specific fuel consumption 

Figure 4.38: Effect of the ambient temperature on the performance of the CCGT power 

plants configurations. 
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Figure 4.39: Comparison between simulated overall power outputs of the CCGT 

configuration versus real results from MARAFIQ CCGT power plant 

 

The effect of the turbine inlet temperature on the exhaust temperature and steam 

mass flow rate of the CCGT for different configurations of HRSG is presented in 

Figure 4.40. Normally, there is a positive effect of the increase in the turbine inlet 

temperature on the performance of the GT and CCGT. The effect of the turbine inlet 

temperature on the exhaust gases temperature of the GT and HRSG of multi-

configurations is shown in Figure 4.40a. The increase in the turbine inlet temperature 

was matched with the increase in the exhaust temperature of GT. Owing to the 

specifications of the GT of the turbine inlet temperature, similar trends for all the 

configurations were observed. The increase in the turbine inlet temperature led to a 

decrease in the exhaust temperature of the HRSG. When the turbine inlet temperature 

increased from 1100 to 1900K, a low exhaust temperature was obtained in the TPRBCC 

configuration. At the same time when the turbine inlet temperature was increased from 

1100 to 1900K, a high exhaust temperature is also obtained in the SPCC configuration. 

At the lower turbine inlet temperature, the variations in the exhaust temperature of the 

HRSG are more noticeable. 
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(a) Exhaust temperature 

 

 

(b) Steam mass flow rate 

 

Figure 4.40: Effect of the turbine inlet temperature on the exhaust temperature and 

steam mass flow rate of the CCGT for different configurations of HRSG. 
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The effect of the turbine inlet temperature on the steam mass flow rate of multi-

configurations of the combined cycle is shown in Figure 4.40b. The increase in the 

turbine inlet temperature of the GT cycle led to an increase in the steam generated in the 

steam cycle. This is owing to the increase in the turbine inlet temperature that led to an 

increase in the exhaust temperature throughout the GT cycle (Franco and Russo, 2002; 

Dumont and Heyen, 2004; Bassily, 2007; Alobaid et al., 2009; Carapellucci, 2009).  

More steam was generated due to the increase in the energy supply to the HRSG. When 

the turbine inlet temperature was increased from 1100 to 1900, a lower steam mass flow 

was obtained increased from 38 to 402 kg/s. On the other hand, when the turbine inlet 

temperature was increased from 1100 to 1900K in the TPRBCC configuration, then a 

higher steam mass flow was found increased from 140 to 404 kg/s. At the higher inlet 

temperatures, the deviations in the steam mass flow of the HRSG is negligible as 

compare to those obtained at the lower turbine inlet temperatures.  

 

Figure 4.41 shows the relation between the performance of the CCGT power 

plant and the turbine inlet temperature for various configurations of the HRSG. The 

variation between simulated power outputs of the GT and ST configuration with effect 

of the turbine inlet temperature is shown in Figure 4.41a. The power output of the GT 

cycle increases at a given value of the pressure ratio, as the turbine inlet temperature 

arises. The turbine inlet temperature corresponds to the performance of the GT power 

plant (Hariz, 2010; Bassily, 2012). When the turbine inlet temperature was increased 

from 1100 to 1900K, the power output of the GT was increased from 117 to 780MW. 

The increase in the turbine inlet temperature was being matched with the rise in the 

power output of the steam turbine. As shown in Figure 4.40b, there is an increase in the 

steam generated after an increase in the exhaust temperature of the GT cycle and the 

turbine inlet temperature. Further, it was observed that with an increase in the turbine 

inlet temperature from 1100 to 1900K, there was an increase in the power output of the 

GT to 370MW. Figure 4.41b shows the variation of the overall thermal efficiency of the 

multi-configurations of the combined cycle with effect of the turbine inlet temperature. 

The overall thermal efficiency increases for all configuration of the CCGT plants, as the 

turbine inlet temperature increased. This was owing to the increased steam generation 

and the increased power output of the GT (Horlock et al., 2003; Kottha, 2004; Colpan 

and Yesin, 2006a). Therefore, there was an increase in the power output of the ST cycle. 



176 
 

In addition, when the turbine inlet temperature increased from 1100 to 1900K, the lower 

overall thermal efficiency (increased from 26.4 to 54.4 %), was obtained in the SPCC 

configuration. When the turbine inlet temperatures have reached 1900K in the TPRCC 

configuration, the peak overall thermal efficiency of about 56.3% was obtained. 

 

 

 

(a)  Power output                         (b) Overall thermal efficiency 

 

  

 

(c) Specific fuel consumption                       (d) Overall power output 

 

Figure 4.41: Effect of the turbine inlet temperature on performance of different 

configurations of the CCGT power plants. 
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The effect of the turbine inlet temperature on the fuel consumption of different 

configurations of the combined cycle plants is shown in Figure 4.41c. It was evident 

that at the constant pressure ratio, the fuel consumption was reduced with the increase in 

the turbine inlet temperature. This is owing to the extra fuel burnt to boost the turbine 

inlet temperature (Khaliq and Kaushik, 2004; Valdes et al., 2004; Sanjay et al., 2008; 

Sun and Xie, 2010; Aklilu and Gilani, 2010). When the turbine inlet temperature was 

increased from 1100 to 1900K, the lower fuel consumption of 0.074 to 0.044 kg/kWh 

occurs in the TPRCC configuration. Secondly, when the turbine inlet temperature 

increased from 1100 to 1900K in the SPCC configurations, there was a decrease in the 

higher fuel consumption from 0.091 to 0.0458 kg/kWh. A relation between the overall 

power outputs versus the turbine inlet temperature for different configuration of the 

combined cycle plants is shown in Figure 4.41d. A higher exhaust gas and net work in 

the GT cycle is obtained as the higher turbine inlet temperature leads to a higher heat 

supply to combustion chamber of the GT (Meherwan and Boyce, 2002; Leo et al., 2003; 

Ganapathy, 2003; Sanjay et al., 2007; Rovira et al., 2011). As a consequence, the 

increase in the turbine inlet temperature leads to an increase in the overall power output 

of all the configurations. Therefore, when the turbine inlet temperature was increased 

from 1100 to 1900K, the overall power output of the combined cycle has gained (about 

980 MW). In addition, when the turbine inlet temperature increased (about 1900 K), 

there was higher power output (about 1380 MW) occurs in the TPRBCC configuration. 

When the turbine inlet temperature increased from 1100 to 1900K, the lower power 

output (from 154 to 1185 MW) occurs in the SPCC configuration. 

 

The trends of exhaust temperature and steam mass flow rate of the CCGT for 

different configurations of HRSG with effect of the isentropic compressor efficiency are 

presented in Figure 4.42. The effect of the isentropic compressor efficiency on the 

exhaust temperature of the GT and HRSG configurations is shown in Figure 4.42a. It is 

evident that with an increase in the isentropic compressor efficiency, there is an increase 

in the exhaust temperature. The variations are according to the different cycle 

configurations. This is owing to the limited values provided in the HRSG to control the 

exhaust temperatures (Sarabchi and Polley, 1994; Casarosa et al., 2004; Kong et al., 

2005; Bassily, 2007; Srinivas et al., 2008b; Kaviri et al., 2012). The increase in the 

isentropic compressor efficiency was followed by a gradual decrease in the exhaust 



178 
 

temperature of the HRSG. Lower temperatures of the exhaust gases from the HRSG are 

obtained in the TPRBCC configuration. As a consequence, there are higher exhaust 

temperatures of the HRSG in the SPCC. Figure 4.42b shows the effect of the isentropic 

compressor efficiency on the steam mass flow rate for different configurations of the 

CCGT plants. It was observed that when the isentropic compressor efficiency was 

increased from 70 to 100%, the steam generated in the ST cycle was increased about 

7.5kg/s. As shown in Figure 4.42a, this is owing to the increase in the exhaust 

temperatures of the GT with the increase in the isentropic compressor efficiency. As 

more fuel was burnt in the HRSG, there was a maximum steam produced in the 

TPRBCC configuration (Gnanapragasam et al., 2009; Bassily, 2012). 

 

The variation of performance of the CCGT power plant for different 

configurations HRSG with effect of the isentropic compressor efficiency is shown in 

Figure 4.43. The variation of the power outputs of the GT and ST with effect of the 

isentropic compressor efficiency for different configurations of the CCGT plants is 

shown in Figure 4.43a. When the isentropic compressor efficiency was increased (from 

70 to 100 %), the power output of GT also increased. Normally, when the isentropic 

compressor efficiency increases, the losses of the air compressor is reduced which leads 

to more power in the GT cycle (Giampaolo, 2006; Razak, 2007; Mahmoudi et al., 

2009). In addition, when the isentropic compressor efficiency was increased; so, the 

power output of the steam turbine was increased very slowly. The effect of the 

isentropic compressor efficiency on the overall thermal efficiency for the multi-

configurations of the CCGT is shown in Figure 4.43b. The overall thermal efficiency 

was increased for each one from the configurations of the combined cycle plants, as the 

isentropic compressor efficiency was increased.  
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(a) Exhaust temperature 

 

(b) Steam mass flow rate 

 

Figure 4.42: Effect of the isentropic compressor efficiency on the exhaust temperature 

and steam mass flow rate of the CCGT for different configurations of HRSG. 
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(a)  Power output                         (b) Overall thermal efficiency 

    

         (c) Specific fuel consumption                     (d) Overall power output 

 

Figure 4.43: Effect of the isentropic compressor efficiency on performance of different 

configurations of the CCGT power plants 

 

 

As shown in Figure 4.43a, this was because of the increase in the power output 

of the GT cycle with the increase in the isentropic compressor efficiency. When the 

isentropic compressor efficiency increased (from 70 to 100 %), the overall thermal 

efficiency was increased (about 10 %). Similarly, the SPCC has a lower overall thermal 

efficiency, while on the other hand the TPRCC configuration has a higher overall 

thermal efficiency (about 56.2 %). The variation of the specific fuel consumption with 

effect of the isentropic compressor efficiency for different configurations of the CCGT 
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plants is shown in Figure 4.43c. It was observed that when the isentropic compressor 

efficiency increased then there was a decrease in the specific fuel consumption. This is 

owing to the increase in the isentropic efficiency leading to a reduced loss in the GT 

(Brandt and Wesorick, 1994; Breeze, 2005; Mohajer et al., 2009). When the isentropic 

compressor efficiency increased (from 70 to 100 %), the lower specific fuel 

consumption (from 0.0529 to 0.0438kg/kWh) occurred in the TPRCC configuration. 

When the isentropic compressor efficiency increased (from 70 to 100 %), the higher 

specific fuel consumption (from 0.0553 to 0.0448 kg/kWh) occurred in the SPCC 

configuration. The effect of the isentropic compressor efficiency on the overall power 

output for different configurations of the CCGT plants is shown in Figure 4.43d. A high 

power output is obtained as a result of high isentropic compressor efficiency (Horlock, 

2002; Polyzakis et al., 2008; Sánchez et al., 2010; Haglind, 2011; Bartnik and Buryn, 

2011). Therefore, with the increase in the isentropic compressor efficiency, the overall 

power output was increased for all configurations of the CCGT. When the isentropic 

compressor efficiency increased from 70 to 100%, there was a 340MW gain in the 

overall power output of the CCGT. However when the isentropic compressor efficiency 

was increased (from 70 to 100 %), the higher power output (from 660 to 1000 MW) 

occurs in the TPRBCC configuration. When the isentropic compressor efficiency was 

increased (from 70 to 100 %), the lower power output (from 585 t0 922 MW) occurs in 

the SPCC configuration. 

 

Figure 4.44 shows the effect of the isentropic turbine efficiency on the exhaust 

temperature and steam mass flow rate of the CCGT for different configurations of 

HRSG. Figure 4.44a shows the effect of the isentropic turbine efficiency on the exhaust 

temperature of the GT and HRSG of multi-configurations. The rise in the isentropic 

turbine efficiency led to a decrease in the exhaust temperature of the GT at a steeper 

slope. This is owing to the ability of the power turbine with the high isentropic 

efficiency to convert more energy from the hot exhaust gases (Walsh and Fletcher, 

2004; Sullerey and Ankur, 2006; Woudstra et al., 2010). The increase in the isentropic 

turbine efficiency leads to an increase in the exhaust temperature of the HRSG. When 

the isentropic turbine efficiency increased (from 70 to 100 %), the lower exhaust 

temperature (from 345 to 368 K) was obtained in the TPRBCC configuration.  
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(a) Exhaust temperature 

 

(b) Steam mass flow rate 

 

Figure 4.44: Effect of the isentropic turbine efficiency on the exhaust temperature and 

steam mass flow rate of the CCGT for different configurations of HRSG. 
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When the isentropic turbine efficiency increased (from 70 to 100 K), the higher 

exhaust temperature is (from 450 to 365 K) obtained in the SPCC configuration. At the 

lower isentropic turbine efficiency, the deviation in the exhaust temperature of the 

HRSG is less significant as compared to that at the higher isentropic turbine efficiency. 

The effect of the isentropic turbine efficiency on the steam mass flow rate for different 

configurations of the CCGT plants is shown in Figure 4.44b. Figure 4.44a shows the 

lower exhaust temperature obtained due to the higher isentropic turbine efficiency. 

Therefore, the increase in the isentropic turbine efficiency was matched with a reduced 

steam generation for all the configurations of the combined cycle. When the isentropic 

turbine efficiency (about 100%), the maximum drop of the steam generated was about 

218 kg/s in the ST cycle. The amount of more fuel burnt leads to a maximum 

production of steam in the TPRBCC configuration. On the other hand, in the SPCC 

configuration minimum steam is produced.  

 

Figure 4.45 shows the variation of performance of different configurations of the 

CCGT power plants with effect of the isentropic turbine efficiency. The variation of the 

simulated power outputs of the GT and ST configurations with effect of the isentropic 

turbine efficiency is shown in Figure 4.45a. There is an increase in the power output of 

the GT with the increase in the isentropic turbine efficiency at a given values 

temperature, pressure and pressure ratio. To increase the component efficiencies, the 

power output plays a very important role. When the isentropic turbine efficiency 

increased (from 70 to 100 %), so will the GT power output increased from 370 to 678 

MW. In addition, the increase in the isentropic turbine efficiency leads to the decrease 

in the power output of the ST cycle. Figure 4.44b shows the reduced steam generated by 

the HRSG due to the reduced exhaust temperature of the GT under the effect of the 

increased isentropic turbine efficiency. However, the increase in the isentropic turbine 

efficiency from 70 to 100% led to a decrease in the power output by 142 MW of the ST 

cycle. When the isentropic turbine efficiency was increased from 70 to 100%, the peak 

power output was obtained and reduced from 417 to 296MW. The behaviour of the 

overall thermal efficiency with isentropic turbine efficiency variations for the different 

configurations of the combined cycle is shown in Figure 4.45b. The increase in the 

isentropic thermal efficiencies for the various configurations leads to a steep rise in the 

overall thermal efficiency. As shown in Figure 4.45a, the increased power of the GT 
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more than the decreased power of ST was the main reason behind this. In addition, the 

increase of the overall thermal efficiency was due to the reduction in the exhaust 

temperature of the GT. When the isentropic turbine efficiency increased (from 70 to 100 

%), there was an increase in the overall peak thermal efficiency from 47.6 to 58.2% in 

the TPRCC configuration. When the isentropic turbine efficiency increased (from 70 to 

100 %), the lower overall thermal efficiency from 46.2 to 56.5 % was obtained in the 

SPCC configuration. Figure 4.45c shows the trends of the specific fuel consumption 

with effect of variation of the isentropic turbine efficiency. The result was obtained in 

the form of a steeper decline as the isentropic turbine efficiency increased. In addition, 

there was a decrease in the losses and the exhaust temperature with the increase in the 

isentropic turbine efficiency. This led to decrease in the burnt fuel (Yang, 1997; Erdam 

and Sevilgen, 2006; Shi and Che, 2007; Basha et al., 2012). For this reason, the specific 

fuel consumption was decreased with increased of the isentropic turbine efficiency. 

 

When the isentropic turbine efficiency increased from 70 to 100%, the best 

specific fuel consumption (0.0513 to 0.042 kg/kWh) occurs in the TPRCC 

configuration. When the isentropic turbine efficiency increased from 70 to 100% in the 

SPCC configuration, the higher specific fuel consumption (0.0528 to 0.0432 kg/kWh) 

occurs. The effect of the isentropic turbine efficiency on the overall power outputs for 

different configurations of the CCGT plants is shown in Figure 4.45d. The net work 

obtained is high due to the higher isentropic turbine efficiency from the GT that leads to 

a reduction in the heat losses (Sarabchi and Polley, 1994; Valdes et al., 2003; Srinivas, 

2010). For these reasons, there was a linear increase in the isentropic turbine efficiency 

with the increase in the overall power output for all the configurations. When the 

isentropic turbine efficiency increased from 70 to 100% in the CCGT, the overall power 

output increased about 170 MW. When the isentropic turbine efficiency increased from 

70 to 100%, the lower power output (702 to 861MW) occurs in the SPCC configuration 

and the higher power output (780 to 942 MW) occurs in the TPRBCC configuration. 
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(a)  Power output                         (b) Overall thermal efficiency 

 

   

 

(c) Specific fuel consumption                         (d) Overall power output 

 

Figure 4.45: Effect of the isentropic turbine efficiency on performance of different 

configurations of the CCGT power plants 

 

4.6 COMBINED CYCLE PERFORMANCE ENHANCING STRATEGIES 

 

The feasibility of adding combined configuration from the modifications, stated 

ahead, is studied in this section. These modifications are: two-shaft, intercooler, 

regenerative and reheated with GT cycle in the supplementary firing triple-preassures 
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with reheat CCGT plant.  This technique was referred to as the performance enhancing 

strategies. The performance of the CCGT plants is determined on the basis of the 

ambient temperature, pressure ratio, turbine inlet temperature, relative humidity and the 

isentropic compressor and turbine efficiency. The THERMOFLEX software was used 

to compare the performance model code for the CCGT power plants. In addition, the 

effect of the CCGT plants on the power output for a year was observed. The real power 

plant of MARAFIQ has been used to validate the effect of the pressure ratio and 

ambient temperature on the overall thermal efficiency and power output in the CCGT. 

This study discusses the thermal analysis of the CCGT with the effect of the various 

configurations of the GT cycle.  

 

The effect of the pressure ratio on the exhaust temperature and steam mass flow 

rate of the CCGT for different strategies of the GT cycle is shown in Figure 4.46. The 

variation of the exhaust temperature of the GT and HRSG with effect of the pressure 

ratio for different strategies of the CCGT plant is shown in Figure 4.46a. It was 

observed that with the increase in the pressure ratio for all the strategies without the 

regenerative (STGCC, IGTCC, ITGTCC and IHGTCC), the exhaust temperature was 

reduced by about 120 to 200K. The exhaust temperature of the GT for these strategies 

was increased about (80 to 200 K) with the increase of the pressure ratio for all the 

strategies with the regenerative (RGTCC, RTGTCC, RHGTCC, IRTGTCC and 

IRHGTCC). This is owing to the more heat recovered from the gases in the regenerative 

heat exchanger (Elmegaard and Qvale, 2004; Luciana et al., 2010; Sayyaadi and 

Aminian, 2010). However, when the pressure ratio increased from 10 to 30, the peak 

exhaust temperature decreased (from 1183 to 1069 K) obtained in the IHGTCC 

strategy. When the pressure ratio increased for the strategies without regenerative, there 

was an increase in the exhaust temperature of the HRSG. Also when the pressure ratio 

increased for the strategies with regenerative, there was a decrease in the exhaust 

temperatures for the HRSG. The high exhaust temperature was also observed in the 

IRTGT strategy. Figure 4.46b shows the effect of the pressure ratio on the steam mass 

flow rate for different strategies of the CCGT. When the pressure ratio increases from 

10 to 30, a decrease of about 100kg/s of the steam generated in the ST cycle for the 

strategies without regenerative was observed.  
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(a) Exhaust temperature 

 

(b) Steam mass flow rate 

 

Figure 4.46: Effect of the pressure ratio on the exhaust temperature and steam mass 

flow rate of the CCGT for different strategies of the gas turbine. 
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As shown in Figure 4.46a, the reduction in the exhaust temperature of the GT 

for these strategies with the increase in the pressure ratio was the main reason behind 

this (Agazzani and Massardo, 1997). When the pressure ratio was increased from 10 to 

30, the steam generated in the ST cycle was increased from 30 to 85kg/s for all the 

strategies with the regenerative. It was in the IHGTCC strategy that the peak steam 

generated of 346kg/s occurred. 

 

The relation between the performance of the CCGT for different strategies of the 

GT and the pressure ratio was shown in Figure 4.47. The variation of the overall 

thermal efficiency with effect of the pressure ratio for all strategies of the CCGT plant is 

shown in Figure 4.47a. These evaluations were conducted at a constant value of ambient 

temperature of 288.15 K, turbine inlet temperature of 1600 K, relative humidity of 60% 

and isentropic compressor and turbine efficiency at 84%. When the pressure ratio was 

increased, the overall thermal efficiency was decreased for some strategies and 

increased in the other strategies. It was also evident that the best pressure ratio of 16 

leads to a peak overall thermal efficiency of about 53.8%. Figure 4.47b shows the effect 

of the pressure ratio on the specific fuel consumption for all strategies of the combined 

cycle. It also showed that the best pressure ratio of 16 has the lower (best) specific fuel 

consumption of about 0.0454 kg/kWh. At the pressure ratio of 30, the higher specific 

fuel consumption of about 0.052 kg/kWh occurs in the IGTCC strategy. A relation 

between the overall power output versus the pressure ratio for all strategies of the 

combined cycle is shown in Figure 4.47c. A higher exhaust gases and net work from the 

GT is obtained after the higher pressure ratio due to the higher heat supply to the 

combustion chamber of the GT (Riegler et al., 2001; Sheikhbeigi and Ghofrani, 2007; 

Boyce, 2012). For this reason, the overall power output of the strategies without 

regenerative was higher than the strategies with regenerative. Therefore, when the 

pressure ratio increases from 10 to 30, the maximum (1107 to 1208MW) overall power 

output of the combined cycle was obtained in the IHGTCC strategy. When the pressure 

ratio increased from 10 to 30, the lower overall power output (from 578 to 697 MW) 

occurs in the IRTGTCC strategy.  

 

The effect of the ambient temperature on the exhaust temperature of the GT and 

HRSG for different strategies of the combined cycle is shown by Figure 4.48a. It is 



189 
 

obvious that for all the strategies, the exhaust temperatures were increased from 273 to 

323K. When the ambient temperature increased from 273 to 323K, maximum exhaust 

temperatures, from 1132 to 1142K were obtained in the IHGTCC strategy. When the 

ambient temperature increased from 273 to 323K, the lower exhaust temperature (from 

612 to 621K) was obtained in the IRTGTCC strategy. The increase in the ambient 

temperatures leads to the gradual decrease in the exhaust temperatures of the HRSG. 

The IRTGTCC has a higher exhaust temperature, which means that low energy was 

recovered from the exhaust gases passing through the HRSG. 

 

 

                                           (a) Overall thermal efficiency 

 

(c) Specific fuel consumption                           (d) Overall power output 

 

Figure 4.47: Effect of the pressure ratio on performance of the CCGT for different 

strategies of the gas turbine. 
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The effect of the ambient temperature on the steam mass flow rate for different 

strategies of the combined cycle is shown in Figure 4.48b. It was evident that when the 

ambient temperature was increased, the steam generated in the ST cycle for the 

strategies was increased gradually. Figure 4.48a shows the increase in the ambient 

temperatures leading to the increase in the exhaust temperatures of the GT as the main 

reason behind this. When the ambient temperature increased from 273 to 323K, the 

maximum steam generated (from 377 to 395kg/s) in the HRSG occurs in the IHGTCC 

strategy.  With each variety of GT technique, Figure 4.49 illustrates the performance of 

the CCGT as affected by the ambient temperature. The thermal efficiency variation of 

the overall system is illustrated in Figure 4.49a, which includes the ambient temperature 

effects through various techniques of the system’s combined cycle. The cycle is held 

constantly at the following values: pressure ratio of 16, turbine inlet temperature of 

1600 K, relative humidity of 60%, while isentropic compressor and turbine efficiency 

remain at 84%. The design of the GT compressor is for a steady volume air draw. 

Because of the inverse proportionality of the ambient air temperature with the mass 

flow that leads to a decrease of the air mass flow rate into the GT (Xiaojun et al., 2010). 

As for the compressor’s compressed air being less, results in the GT output power drop 

at a particular turbine inlet temperature (Zhu and Frey, 2007). These cases bring about 

an increased of consumption work in the compressor of the GT, due to the fact that the 

intake air temperature is proportional to the air specific volume that obviously increases 

(Kehlhofer, et al., 2009). Under the conditions of the increase in ambient temperature, 

the system experiences a cut in its thermal efficiency for the methodological processes 

of the combined cycle as well as in the IRTGTCC technique. The only point when the 

thermal efficiency is at its peak is during the RHGTCC technique in effects. The 

specific fuel consumption is illustrated in Figure 4.49b, depicting the ambient 

temperature effects on the specific fuel consumption for all strategies of combined 

cycle. The GT fuel burn is rather significant due to the high ambient temperature that 

consequently makes the GT compresses overloaded (Erdam and Sevilgen, 2006). This 

explains why there is an increase in the specific fuel consumption upon a rise during all 

strategies in the combined cycle with an increase the ambient temperature. The mention 

of a specific fuel consumption being low (from 0.0452 to 0.0468 kg/kWh), exists with 

the RHGTCC strategy, during the ambient temperature rise to 323K from 273K. 

Likewise, specific fuel consumption is high (from 0.0504 to 0.0524 kg/kWh), in the 
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presence of the IGTCC strategy, much as the ambient temperature’s increase to 323K 

from 273K. 

 

 

(a) Exhaust temperature 

 

(b) Steam mass flow rate 

 

Figure 4.48: Effect of the ambient temperature on the exhaust temperature and steam 

mass flow rate of the CCGT for different strategies of the gas turbine. 
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(a) Overall thermal efficiency 

   

       (b) Specific fuel consumption                           (c) Overall power output 

 

Figure 4.49: Effect on CCGTs performance due to ambient temperature for dissimilar 

gas turbines schemes. 

 

Figure 4.49c reflects the output power and the effects associated due to the 

ambient temperature. The ambient temperature has an inverse relationship with the 

overall output power, which can be seen from the fact that as the temperature increases, 

the output power decreases. This is because of the ambient temperature increase, 

exhaust temperature rises which in turn causes the losses to increase. As a result, as the 

temperature rises from 273K to 323K, the output power decreases from 1193MW to 

1190MW in the IHGTCC strategy. Similarly, in the IRTGTCC strategy, an increase 

from 273K to 323K causes the power to decrease from 659MW to 639MW.  
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Figure 4.50 shows the effect of the turbines inlet temperature on the steam mass 

flow rate of the CCGT and on the exhaust temperature for varying strategies of the GT. 

The way the inlet temperature affects the exhaust temperature of HRSG and GT is 

illustrated in Figure 4.50a. As the turbine inlet temperature rises, the exhaust 

temperature rises (about 640 K). This was seen in the case where there was no 

regenerative action. On the other hand, for cases with regenerative the rise in 

temperature was slower, that is, around 91K. It can be seen from the graph that as the 

turbine inlet temperature reaches 1900K, the peak value for the exhaust temperature 

reaches 1389K in the IHGTCC strategy. Furthermore, as the turbine inlet temperature 

rises from 1100K to 1900K, the lower exhaust temperature rises from 562K to 653K. In 

the case where there is no regenerative action, increasing the turbine temperature led to 

a decrease in the exhaust temperature of the HRSG. For cases with regenerative action, 

an increase in the turbine inlet temperature led to a steeper decrease in the exhaust 

temperature. Moving on, the effect on the steam mass flow rate due to the turbine inlet 

temperature is shown in Figure 4.50b. It is clear that in the ST cycle as the turbine inlet 

temperature rise, the steam generated also increased. For the regenerative case, an 

increase in turbine inlet temperature from 1100 to 1900K led to a slower increase of 

about 30kg/s for the steam. On the other hand, the rise in steam generated was around 

320kg/s as the temperature rise from 1100K to 1900K in the case without the 

regenerative action. The reason for this can be seen in Figure 4.50a, where an increase 

in the turbine inlet temperature causes an increase in the exhaust temperature too.  To 

quote an example, the peak value was found to be around 518kg/s for steam at 1900K 

turbine inlet temperature. 

 

CCGTs performance variations due to the inlet temperature of the turbine are 

shown in Figure 4.51 for different GT strategies. According to Bassily (2008a), overall 

thermal efficiency can be increased if the turbine inlet temperature is increased. 

Additionally, this is the most effective way as well. Figure 4.51a shows the effect of the 

turbine inlet temperature on the thermal efficiency for GTs varying strategies. It can be 

seen from the graph that the thermal efficiency stood at a constant value of 84% for 

isentropic compressor and turbine efficiency, a relative humidity of 60%, pressure ratio 

of 16 and an ambient temperature of 288.15K. 
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(a) Exhaust temperature 

 

 

(b) Steam mass flow rate 

 

Figure 4.50: Effect on the steam mass flow rate and exhaust temperature of CCGT due 

to turbine inlet temperature for dissimilar gas turbines schemes. 
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(a) Overall thermal efficiency 

 

  

(b) Specific fuel consumption                           (c) Overall power output 

 

Figure 4.51: Effect on the CCGTs performance due to turbine inlet temperature for 

dissimilar gas turbine schemes. 

 

It is also evident that a direct relationship holds between the turbines inlet 

temperature and the thermal efficiency. In the RHGTCC strategy, a rise from 1100 to 

1900K for the turbine inlet temperature caused an increase from 37 to 59.5% for the 

thermal efficiency. Furthermore, in the IRTGTCC strategy, the same rise in the turbine 

inlet temperature caused the lower thermal efficiency to increase from 29.6 to 54.4%. It 

can be stated that at higher values of the turbine inlet temperature, the thermal 
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efficiency has a significant impact where as its significance is less at lower inlet 

temperature of the turbine. The effect of the turbine inlet temperature on the fuel 

consumption can be seen in Figure 4.51b. As the turbine inlet temperature increased, the 

consumption of fuel dropped. The reason for this is that higher net work is done when 

the turbine inlet temperature increases despite the fixed ratio of the burnt fuel in the GT. 

If the RHGTCC strategy is taken into consideration, the lower fuel consumption varies 

from 0.065 to 0.0417 kg/kWh as the turbine inlet temperature rises from 1100 to 1900K. 

Similarly, for the IRTGTCC configuration, the higher fuel consumption varies from 

0.082 to 0.0442 kg/kWh at the same temperature rise stated above. Figure 4.51c 

represents the relationship between the overall output power with respect to the inlet 

temperature of the turbine for varying strategies of the cycle. It can be seen that a direct 

relationship exists between the two. As explained by (Basily, 2008a; Bassily, 2008b), 

the reason for this is the rise in temperature of the gases entering the HRSG coupled 

with an increase in the work done causes an increase in the output power. Therefore, 

one can see that the peak power output reaches 1100MW as the turbine inlet 

temperature rises by 800K. In the IRTGTCC strategy, the lower output power varies 

from 264MW to 942MW with a rise from 1100 to 1900K in the turbine inlet 

temperature. On the other hand, for the IHGTCC strategy, the same rise in temperature 

resulted in the power output to vary from 480MW to 1630MW. The last thing to note 

here is that at higher inlet temperatures of the turbine, the variation in the overall 

efficiency is more noteworthy in comparison to when the inlet temperature of the 

turbine is less. 

 

For both the HRSG and GT, and for varying strategies, Figure 4.52a highlights 

the relationship between two factors, that is, the exhaust temperature and the isentropic 

compressor efficiency. For cases where there was no regenerative action, an increase in 

the efficiency of the isentropic compressor led to a slow increase in GTs exhaust 

temperature, where as a sharp decline was seen in the case with regenerative action. 

Therefore, for the IHGTCC case, the rise in the compressor efficiency from 70% to 

100% caused the higher exhaust temperature to go from 1130K to 1135K. Similarly for 

the IRTGTCC case, the same rise in temperature caused the lower exhaust temperature 

to go from 662K to 577K. Another aspect for the non-regenerative case that as the 

compressor efficiency increased, there was a slow decline in exhaust temperature 



197 
 

pertaining to the HRSG. On the other hand, for cases with regenerative action, a rise in 

the efficiency of the compressor caused a 13K drop in the exhaust temperature of the 

HRSG. For the time being, it can be said that a higher exhaust temperature exists for the 

IRTGTCC strategy. The effect of the isentropic compressor efficiency on the steam 

mass flow rate is illustrated in Figure 4.52b for varying strategies. In the case without 

the regenerative action, it can be seen that as the compressor efficiency increases, the 

steam produced also increases, but the rise is slow.  On the other hand, for the 

regenerative action, a decline in the steam generation of the HRSG is observed as the 

compressor efficiency increased. Considering the IRTGTCC strategy, a 100% isentropic 

compressor efficiency resulted in a lower steam mass flow rate of about 130kg/s, 

whereas for the IHGTCC strategy, the same efficiency of 100% resulted in a higher 

steam mass flow rate amounting to 379kg/s. 

 

Figure 4.53 highlights for varying strategies how the performance of the CCGT 

is affected by the isentropic compressor efficiency. The effect of the compressor 

efficiency on the thermal efficiency can be seen in Figure 4.53a. Deviations in the 

thermal efficiency is highlighted for varying strategies including a turbine inlet 

temperature of 1600K, pressure ratio of 16, isentropic turbine efficiency of 84%, 

ambient temperature of 288.15K and a relative humidity of 60%. According to Walsh 

and Fletcher (2004), the net work increased due to the fact that when the efficiency of 

the compressor increased, work done by the GTs compressor decreased. It is for this 

reason that the overall thermal efficiency is seen to rise as the compressor efficiency 

rises. Considering the RHGTCC strategy, at 100% isentropic compressor efficiency, a 

peak thermal efficiency of 59% resulted. On the other hand, if the IGTCC strategy is 

taken into consideration, at 70% isentropic compressor efficiency, about 43.1% lower 

thermal efficiency results. One can gather from these results that, at higher values of the 

compressor efficiency; the variation in thermal efficiency is rather significant, whereas 

the opposite is true for lower compressor efficiencies. 
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(a) Exhaust temperature 

 

(b) Steam mass flow rate 

 

Figure 4.52: Effect on the steam mass flow rate and exhaust temperature of the CCGT 

due to isentropic compressor efficiency for dissimilar gas turbine schemes. 
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(a) Overall thermal efficiency 

 

  

 

(b) Specific fuel consumption                      (c) Overall power output 

 

Figure 4.53: Effect on the CCGTs performance due to isentropic compressor efficiency 

for dissimilar gas turbine schemes. 

 

For varying strategies of the combined cycles, the effect on the fuel consumption 

with respect to the isentropic compressor efficiency is shown in Figure 4.53b. This fact 

is explained by (Shi and Che, 2007). They state that the burnt fuel decreases because of 
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the rising temperature of the air entering the combustion chamber for as the compressor 

efficiency increases. It is for this reason that the as the isentropic compressor efficiency 

increases, the fuel consumption decreases. Taking into account the IRTGTCC strategy, 

at 70% compressor efficiency, higher fuel consumption of 0.0596kg/kWh was seen. On 

the other hand, if the RHGTCC strategy is taken into account, it can be seen that at 

100% isentropic compressor efficiency, the lower specific fuel consumption was seen to 

be around 0.0412kg/kWh. The effect on the overall output power because of the 

efficiency of the isentropic compressor can be seen in Figure 4.53c. The reason for this 

is that, a higher net work results due to an increased efficiency of the compressor in turn 

lowering the GTs losses (Khaliq and Choudhary, 2006; Kurt et al., 2009). Because of 

the fact stated here, there exists a direct relationship between the compressor efficiency 

with the overall power output. Both are seen to rise in this case. The graph illustrates 

that as the compressor efficiency rise by 30%, that is, from 70% to 100%, the peak 

power output increase about 265MW. Similarly, for the same rise in the compressors 

efficiency, the lower power output boost about 540 to 730MW in the case of IRTGTCC 

scheme. On the other hand, the higher output power that is from 1017 to 1296MW 

occurred in the IHGTCC strategy for the same rise in the isentropic compressors 

efficiency.  

 

Figure 4.54a illustrates the effect of the isentropic turbine efficiency on the 

exhaust temperature of the HRSG and the GT. For the combined cycle, there is an 

inverse relationship between the two, that is, as the turbine efficiency increases, 

temperature decreases. When the IHGTCC strategy is taken into consideration, it can be 

observed that a 30% rise in the turbine efficiency, that is, from 70% to 100% causes the 

higher exhaust temperature of the GT cycle from 1200K to 1056K, where as in the case 

when the IRTGTCC is considered, the same turbine efficiency rise of 30% causes the 

lower exhaust temperature of the GT from 623 to 600K. In the HRSG case, an increase 

in the isentropic turbine efficiency led to an increase in the exhaust temperature too. 

Considering the IRTGTCC case, a rise in the turbine efficiency from 70% to 100% 

caused the higher exhaust temperature of the HRSG from 388 to 391K, where as the 

HRSG in the lower exhaust temperature was from 332 to 337K, for the same 

temperature rise when the IHGTCC strategy was taken into account. The deviation of 

the steam mass flow rate due to the isentropic efficiency of the turbine for varying 
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strategies is shown in Figure 4.54b. As already described from Figure 4.54a, an increase 

in the isentropic turbine efficiency leads to a decrease in the GTs exhaust temperature. 

Considering this fact, it was observed that for varying strategies of the combined cycle 

that as the efficiency of the isentropic turbine increased, steam generation decreased. It 

can be seen that as the turbine efficiency rises by 30% (from 70 to 100%) around 82kg/s 

drop is observed in steam generation of the ST cycle.  For the case of the IRTGTCC 

strategy, a 30% rise in the turbine efficiency causes in a lower steam production that 

varied from 148 to 139kg/s. However, the higher steam production was around 410kg/s 

to 341kg/s in the IHGTCC strategy, for the same temperature rise. 

 

The effect on the CCGTs performance for varying GT strategies due to 

isentropic turbine efficiency can be seen from Figure 4.55. The effect of the isentropic 

turbines efficiency on the overall thermal efficiency can be seen in Figure 4.55a. This 

Figure takes into account all the varying strategies of the combined cycle. It is evident 

from the graph that as the turbine efficiency increased; it caused the thermal efficiency 

to increase too, but rather dramatically. (Darwish, 2000; Cihan et al., 2006; Datta et al., 

2010) believe that this effect was due to the decrease in the GTs losses as the generation 

power increased. At 100% turbine efficiency, 59.2% was seen as the peak thermal 

efficiency considering the RHGTCC strategy. Considering the IRTGTCC strategy, the 

lower thermal efficiency increased from 42.7% to 53.2% with 30% rise in the isentropic 

turbine efficiency. As a result, it can be said that the variation of the overall thermal 

efficiency is insignificant at lower isentropic turbine efficiency while it is more 

significant at higher isentropic turbine efficiency. For different variations of the 

combined cycle, effect on the consumption of fuel due to the efficiency of the isentropic 

turbine is illustrated in Figure 4.55b. A sharp decline in the specific fuel consumption 

was seen as the isentropic efficiency of the turbine increased. As explained by (Bathie, 

1996; Franco and Casarosa, 2004), this was due to the power turbines decrease in 

losses. As the isentropic efficiency of the turbine rises from 70 to 100%, the lower 

specific consumption of fuel varied from 0.051kg/kWh to 0.0414kg/kWh. This was in 

the case when the RHGTCC strategy was taken into account. On the other hand, for the 

same rise in the turbines efficiency, the variation in the higher specific consumption of 

fuel was seen to be from 0.0572kg/kWh to 0.0471kg/Wh. This was the case when the 

ITGTCC strategy was taken into consideration. 
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(a) Exhaust temperature                                     

 

(b) Steam mass flow rate 

 

Figure 4.54: Effect on the steam mass flow rate and exhaust temperature of the CCGT 

due to isentropic turbine efficiency for dissimilar gas turbine schemes. 
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(a) Overall thermal efficiency 

 

  

 

(c) Specific fuel consumption                      (d) Overall power output 

 

Figure 4.55: Effect on the CCGTs performance due to isentropic turbine efficiency for 

dissimilar gas turbine schemes. 
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(c) Overall thermal efficiency                      

 

(d) Overall power output 

 

Figure 4.56: Effect on the CCGTs performance due to relative humidity for dissimilar 

gas turbine schemes. 
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Figure 4.55c highlights the effect the isentropic turbine efficiency has on the 

power output with respect to the varying schemes of the combined cycle. According to 

(Franco and Casarosa, 2004), a decrease in the exhaust losses is due to the higher 

efficiency of the turbine that results in a higher net work being done resulting in the 

aforementioned. Hence, a direct relationship seems to exist between the turbines 

efficiency and the overall output power. If the IRTGTCC strategy is considered, the 

lower power output from 520 to 800MW occurs for an isentropic turbine efficiency rise 

of 30%, that is, from 70% to 100%. For the IHGTCC strategy, the higher output power 

from 1042 to 1340MW results for the same isentropic turbine efficiency rise of 30%. It 

can also be seen that Figure 4.56 presents how the overall power output and overall 

thermal efficiency are affected by the relative humidity factor. It can be seen that there 

is no significant effect of the relative humidity at an ambient temperature of 288K. 

Hence one can conclude that, based on the above discussion, relative humidity has little 

or no affect on the power output  and on the overall thermal efficiency considering all 

schemes of the combined cycle. 

 

4.6  STATISTICAL ASSESSMENT 

 

The reliability of the physical systems simulation is largely dependent on the 

mathematical models accuracy. To be able to carry quantitative modelling of any 

component, mathematical knowledge is very crucial and one should have the efficient 

level. The process was not represented meaningfully by the mathematical model when it 

was used instead of the equipment itself. Hence, for authentication that the 

mathematical model is a true representation of the actual plant, readings from the actual 

plant must be taken which prove or elucidate this fact. Additionally, statistical analysis 

is also carried out taking the errors into account of both the modelled data and the actual 

readings of the plant to examine the variations present. 

 

4.6.1 Statistical Evaluation 

 

Prediction of the CCGT and GT plants power outputs was done by developing 

input-output relationships through this study. Moreover, a phase strategy was 

envisioned so that the effects of variables and its counterparts can be realized. 
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Furthermore, a model was created that could predict from real data power outputs of the 

CCGT and GT plants. For this, RSM, also known as response surface methodology 

which was based on the CCD, also known as central composite design was applied. 

Moreover, transfer functions can also be predicted based on this RSM technique. This 

study utilizes the CCD technique, as stated by Montgomery, 2005 and Wu and Hamad, 

2000. Estimation of systems or processes behaviour is done by using DOE (design of 

experiment) technique based on statistics. As a case study, the MRAFAQ CCGT plant 

is chosen. Table 4.1 shows the ANOVA results which highlights the variance analysis. 

The model is indeed noteworthy as highlighted by the model F-value of 183.80 shown. 

The possibility of such a huge value of the Model-F occurring due to the presence of 

noise is only 0.01%.  Moreover, value of ‘Prob >F’ that are less than 0.0500 highlight 

the worth of these model terms, as shown in this scenario like  rp
2, T1

2, T1 and T1*rp. 

On the other hand, values which are greater than 0.100 hold are insignificant. Based on 

the response surface technique, the GTs power plant mathematical model has been 

developing. Equation (4.1) illustrates how the GTs plant power output can be evaluated. 

 

Table 4.1: Analysis of the GTs plant variance (ANOVA) results 

 

Source Sum of df Mean F p-value  

 Squares  Square Value Prob > F  

Model 9725.662 5 1945.132 183.8 < 0.0001 significant 

  A (T1) 127.7475 1 127.7475 12.07115 0.0031  

  B (rp) 25.39606 1 25.39606 2.399731 0.1409  

  AB 58.36003 1 58.36003 5.514572 0.0320  

  A^2 47.94655 1 47.94655 4.530578 0.0492  

  B^2 93.99703 1 93.99703 8.881992 0.0088  

Residual 169.326 16 10.58288    

Cor 

Total 

9894.988 21     
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Where, Power of GT represents the gas turbines output power (MW) 

rp is the gas turbines cycle pressure ratio and T1 is the ambient temperature (K) 
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Table 4.2: R
2
 analysis results of the GT plant. 

 

Parameter Value Parameter Value 

Std. Dev. 3.25 R-Squared 0.9829 

Mean 492.2 Adj R-Squared 0. 9775 

C.V.% 0.66 Pred R-Squared 0.9548 

PRESS 447.16 Adeq Precision 39.002 

 

The above table lists down R
2
 evaluation results of the GT plant which is used to 

measure the power output of the plant. As shown, the adjusted R-squared value of 

0.9775 and the Predict R-squared value of 0.9548 are in close proximity to each other. 

The signal to noise ratio is calculated by the parameter named adequate precision. Here 

a value greater than 4 is appropriate. More so, if the ratio is 39.002, that indicates that 

the signal is acceptable. Furthermore, a value of R
2
 on a higher side indicates that the 

results are close to the real data values.  

 

 

 

Figure 4.57: Normal probability plot of residuals 

 

A comparison between the actual data and the predicted one is highlighted in 

Table 4.3. A set of data based on 21 trials were collected as per the CCD structure and a 

table was constructed which incorporated the predicted responses from RSM too.  The 
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values seem to coincide with the actual data which is considered good.  It also shows 

the residual by response surface and the percentage variation versus the run number. 

More so, coverage against trends as well as autocorrelation is provided by the help of 

randomization. A normal plot of residuals is shown in Figure 4.57. The graphs 

highlights one key fact, that is, the value of R
2
=0.9829 shows no irregularity. The linear 

model is statistically adequate and can be used to steer the design space. 

 

Table 4.3: Comparison between real data of the GT plant versus predicted results by 

DOE 

 

Run rp 

 

T1 

(K) 

Actual 

Power 

(MW) 

Predicted 

Power by 

DOE (MW) 

Residuals % 

Deviation 

1 15.64 291.34 508 513.9439 -5.9439 -1.17006 

2 15.55 293.97 506.69 508.1174 -1.4274 -0.28171 

3 15.54 294.43 506.22 507.4515 -1.2315 -0.24327 

4 15.55 295.38 506.7 507.4775 -0.7775 -0.15344 

5 15.54 296.84 507.55 506.4844 1.0656 0.20995 

6 15.68 293.97 514.06 514.5836 -0.5236 -0.10186 

7 15.85 298.31 528.95 526.6646 2.2854 0.432064 

8 15.79 299.03 524.29 521.8558 2.4342 0.464285 

9 15.26 317.42 484.48 487.2425 -2.7625 -0.5702 

10 14.87 315.1 467.14 464.2049 2.9351 0.628313 

11 15.34 308.41 487.19 491.1739 -3.9839 -0.81773 

12 14.78 310.19 463.73 465.833 -2.103 -0.4535 

13 14.99 307.95 472.3 474.5655 -2.2655 -0.47967 

14 15.1 308.76 477.73 478.4206 -0.6906 -0.14456 

15 14.74 314.2 461.35 460.1001 1.2499 0.270922 

16 14.65 311.36 458.04 461.6352 -3.5952 -0.78491 

17 14.97 309.83 472.41 472.0958 0.3142 0.06651 

18 14.99 305.71 478.58 476.7298 1.8502 0.386602 

19 14.96 311.85 476.1 470.1357 5.9643 1.252741 

20 15.39 290.7 509.63 505.0036 4.6264 0.907796 

21 15.46 287.83 510.56 510.2262 0.3338 0.065379 

% of deviation = [(actual value – predicted value)/ actual value] × 100% 

 

Figure 4.58 shows a plot of the predicted values verses the actual data set 

whereas the graphical representation is shown in Figure 4.59. It can be seen that the 

best-fit line resembles the (Y=X) line when plotted on a data set of 21 points. This 

indicates that the predicted values and the real data are in close proximity to each other. 

Moreover, the bowling score can also be anticipated more accurately from the scattered 
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points on the plot. The variation found in actual results from the predicted ones were 

between 5.9643 and -5.9439 showing only a small dissimilarity, whereas a value of -

0.07747 was the case for the average absolute residuals. It was due to cyclic variations 

that accounted for this minor difference between the real and the predicted data. 

Variance results were assessed in Table 4.4. Here, a model F value of 177.73 suggests 

the noteworthiness of the model where the probability of such a large value to occur due 

to noise is only 0.01%.  Another aspect that determines the weight of the model is 

‘Prob>F’ values less than 0.0500, for example model terms like rp, Shp, T1 × Shp, rp × 

Shp are considered significant. On the other hand, insignificant values > than 0.0100 if 

reduced can vastly improve the model itself, not taking into account insignificant values 

that support the hierarchy.  

 

 

 

Figure 4.58: GT power outputs best-fit line. 

 

The response surface method is used to develop the power output equation of the 

CCGT plant. Equation (4.2) shows how the power output can be represented.  
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Where,  

Power of CCGT represents the combined cycles output power (MW) 

rp= Gas turbine cycles pressure ratio. 

Shp= High prressure level of the superheated steam (bar) 

T1= Ambient temperature (K). 

 

 

Figure 4.59:  Contrast between predicted results verses real data of the GT. 

 

Table 4.5 illustrates the R
2
 values pertaining to the CCGT plant. One can see 

from this table that the adjusted R
2
 value of 0.9806 is in close proximity with the Predict 

R
2
 value of 0.9635. Moreover, the signal to noise ratio can be calculated from the 

adequate precision parameter given in same table, where a suitable ratio is more than 4. 

Here, the ratio has a value of 45.085 which is quite adequate. The close proximity 

between the response correlations predicted data and the real data can further be 

justified based on the value of correlation coefficient R. If its value is more than 1, then 

there is not much difference between the actual and the predicted values. An estimation 
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and calculation of the residual is done based on predicted residual sums of squares 

(PRESS), which is a measure of how points are fitted in the model. An assessment 

between the predicted and the actual data is shown in Table 4.6. It can be seen that a 

total of 21 runs were carried out based on the CCD structure. Moreover, from the RSM, 

predicted values were gathered. Both these sets of data were put down in the table, 

showing the fact that there is only a slight deviation between the real and the predicted 

values. The table also lists down the % deviation and the residual verses the run 

number. Lastly, to counteract the effect of trends and autocorrelation, randomization 

was done.  

 

Table 4.4: CCGT plants variance results (ANOVA) examination. 

 

Source Sum of df Mean F p-value  

 Squares  Square Value Prob > F  

Model 9897.874 6 1649.646 177.7251 < 0.0001 significant 

  A (T1) 8.984133 1 8.984133 0.967909 0.3408  

  B (rp) 356.6905 1 356.6905 38.42818 < 0.0001  

  C(Shp) 453.9217 1 453.9217 48.90342 < 0.0001  

  AB 3.926078 1 3.926078 0.422977 0.5253  

  AC 54.51641 1 54.51641 5.873345 0.0285  

  BC 63.15149 1 63.15149 6.803648 0.0198  

Residual 139.2301 15 9.282005    

Cor 

Total 

10037.1 21     

 

Table 4.5:  R
2
 analysis results of the CCGT plant. 

 

Parameter Value Parameter Value 

Std. Dev. 3.05 R-Squared 0.9861 

Mean 815.8 Adj R-Squared 0. 9806 

C.V.% 0.37 Pred R-Squared 0.9635 

PRESS 366.66 Adeq Precision 45.085 

 

The normal probability plot of residuals is shown in Figure 4.60. A value of 

0.9878 for R
2
 indicates that there is nothing unusual about the method followed. The 

linear model shown here is based on a design technique called the central composite 

design. Statistical assessment indicates that everything is on target and the design space 

can be navigated easily. Furthermore, a plot between the predicted data and the actual 



212 
 

data can be seen from Figure 4.61 where the scattered points can be used to predict the 

over the range of data. One can see that the best fine line does indeed matches or 

coincides with the line (Y = X), which is the ideal line. In contrast, Table 4.6 highlights 

the data set of this line showing that the CCGTs plants predicted values and the actual 

values are in close proximity to each other. Figure 4.62 shows the graphical 

representation of these results. Here, actual results were found to have values of 

4.833166 and -4.46272 where as the average absolute residuals had a value of -0.04575. 

These results signify no or less variations. According to (Sun and Xie, 2010), slight shift 

in these values is due to cyclic variations. 

 

Table 4.6: Comparison between real data of the CCGT plant versus predicted results by 

DOE 

 

Run rp 

 

T1 

(K) 

Shp 

(bar) 

  Actual 

Power   

 (MW) 

Predicted 

Power by 

DOE (MW) 

Residuals % 

Deviation  

1 15.64 291.34 101.43 837.77 842.2327 -4.46272 -0.53269 

2 15.55 293.97 73.2 764.37 764.2529 0.117132 0.015324 

3 15.54 294.43 75.34 770.97 770.6237 0.346313 0.044919 

4 15.55 295.38 98.03 829.69 830.6035 -0.91345 -0.1101 

5 15.54 296.84 100.76 836.45 834.2095 2.240495 0.267858 

6 15.68 293.97 100.56 842.03 840.1493 1.88066 0.223348 

7 15.85 298.31 78.91 804.48 805.8006 -1.32057 -0.16415 

8 15.79 299.03 88.24 823.97 821.9935 1.976522 0.239878 

9 15.26 317.42 101.83 816.07 815.7597 0.310321 0.038026 

10 14.87 315.1 101.68 798.92 797.6138 1.30624 0.163501 

11 15.34 308.41 104.23 823.45 826.166 -2.71604 -0.32984 

12 14.78 310.19 104.57 802.2 803.4767 -1.27671 -0.15915 

13 14.99 307.95 104.67 810.15 814.2501 -4.10008 -0.50609 

14 15.1 308.76 104.68 815.66 818.0253 -2.36531 -0.28999 

15 14.74 314.2 104.3 798.28 798.1885 0.091459 0.011457 

16 14.65 311.36 104.37 795.94 795.998 -0.05795 -0.00728 

17 14.97 309.83 104.77 811.06 812.3717 -1.31171 -0.16173 

18 14.99 305.71 106.2 821.95 819.3189 2.63111 0.320106 

19 14.96 311.85 106.04 818.17 813.3368 4.833166 0.590729 

20 15.39 290.7 103.65 843.58 839.9215 3.658501 0.433687 

21 15.46 287.83 103.08 841.31 843.4497 -2.13969 -0.25433 

% of deviation = [(actual value – predicted value)/ actual value] × 100% 

 

Systems or processes expected behaviour can be predicted by engineers by using 

statistical analysis along with error assessment. Factors that affect the CCGTs and the 
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GTs power output can be understood better using the central composite design approach 

through integration with the real data. This helps in shaping the power output results. 

Furthermore, after several verification trials based on statistical analysis, it can be put to 

light that RSM is indeed helpful in modelling the output power of these plants. 

 

 

 

Figure 4.60: CCGTs output powers normal probability residual plots. 

 

 

Figure 4.61: CCGTs power outputs best fit line. 
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Figure 4.62:  CCGT power output predicted versus actual data plot. 

 

4.7.2 Uncertainty Evaluation 

 

According to Beckwith et al. (2007) and Holman (2012), experimental errors 

found in the CCGTs output power have been dealt with by carrying out a 

comprehensive error investigation. Table 4.7 shown below lists down error readings 

pertaining to both the CCGT and GT power plants recorded from various instruments, 

where as Table 4.8 lists down the readings having the maximum possible error in them. 

 

Equation (4.3) represents the assessment of uncertainty of the GT. 
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Equation (4.4) represents the assessment of uncertainty of the CCGT. 
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where: 

WShp= Least division of the pressure of the superheat steam  

Wrp = Least division pressure ratio 

WT1= Least division temperature 

 

Table 4.7: Uncertainties of parameter of the GT and CCGT 

 

 

Table 4.8: Uncertainties of instruments and properties 

 

 

4.6.2  Optimization Techniques 

 

CCGT and GT plants simulations that were the most appropriate were applied 

with optimization practices. Furthermore, thermodynamic analyses on the CCGT and 

GT plants were done and they were judged based on these results. The performance 

parameters taken into account included the following: thermal efficiency, specific 

Calibration parameter Unit Uncertainty 

error (%) 

Power output of the GT MW 1.123 

Power output of the CCGT MW 0.8104 

Item 

No. 

Name of 

instrument 

Range of 

instrument 

Variable 

measured 

Least 

division in 

measuring 

instrument 

Min. and 

max. values 

measured 

in 

experiment 

Uncertainty 

error (%) 

1 Thermocouple 0-120 
0
C Ambient 

Temperature 

0.2 
0
C 14.44-44.9 

0
C 

0.0991 

2 Pressure Gage 0-20 bar Compressed 

Air Pressure 

0.1 bar 14.6-15.96 

bar 

0.6544 

3 Pressure Gage 0-140 bar Superheated 

steam 

Pressure 

0.2 bar 88.1-121.2 

bar 

0.2024 
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consumption of fuel and the output power. Not only this but other parameters were also 

given consideration in the overall assessment, including turbine inlet temperature, 

ambient temperature, pressure ratio and lastly isentropic turbine and compressor 

efficiency. Nonetheless, for selection of the most important parameters, a system called 

the adaptive neuro fuzzy inference system (ANIFS) was used. Based on this, those 

parameters that were responsible in determining the peak performance of the plant were 

given consideration and the trend was plotted, as shown in Figure 4.63 below. GT 

(SGT) cycle showing the thermal efficiency with respect to the pressure ratio and the 

isentropic compressor efficiency is shown in Figure 4.63a. Using ANFIS, one can see 

from this plot, that the maximum efficiency was achieved when both the other 

parameters were at their maximum too. As stated by (Badran, 1999; Cetin, 2006; 

Mahmood and Mahdi, 2009; Kurt al., 2009; Boyce, 2012), isentropic compressor 

efficiency had an inverse effect on the losses and a direct effect on the thermal 

efficiency. The peak value of 56% was achieved when the isentropic compressor 

efficiency was at 100% and the pressure ratio was at 30. It can also be seen from the 

graph that at 70% isentropic compressor efficiency and at a pressure ratio of 30, the 

lower efficiency was only 10%. These results do match with what Kurt al. (2009) had 

stated previously. 

 

The effect of isentropic compressor efficiency and turbine inlet temperature on 

the power output is illustrated in Figure 4.63b. It is clear that the turbine inlet 

temperature has a direct effect on the output power as stated by (Bassily, 2001; Al-

Hamadan and Ebaid, 2006; Bassily, 2012) due to increase the work done by the turbine. 

According to (Ameri and Hejazi, 2004; Arrieta and Lora, 2005; Bouam et al., 2008), the 

isentropic compressor efficiency has an inverse effect on the consumption power which 

drives the compressor, therefore when the former increases, the latter decreases, thereby 

increasing the output power. The plot also shows that at an isentropic compressor 

efficiency of 100% and an inlet temperature of 1900k, the maximum power output 

resulted, that is, of 370MW, where as the minimum was at 100MW at an isentropic 

compressor efficiency of 700% and an inlet temperature of 1900k. Moving on, based on 

the effects of isentropic compressor efficiency and pressure ratio, fuel consumption has 

been plotted as shown in Figure 4.63c. It can be seen from the graph, that the fuel 

consumption is directly proportional to these two parameters, showing a decline when 
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the other parameters dropped. This in turn gives a better thermal efficiency. This can be 

explained from the fact that when the isentropic compressor efficiency increased, SGT 

losses reduced, thereby decreasing the fuel consumption (Brooks, 2001; Bozza et al., 

2005; Chen et al., 2009; De Sa and Al Zubaidy, 2011). Consequently, at an isentropic 

compressor efficiency of 100% and a pressure ratio of 30, the fuel consumption 

amounted to 0.05kg/kWh. 

 

 

(a) Thermal efficiency 

     

(b) Power                                                (c) Specific fuel consumption 

 

Figure 4.63: SGT performance trends with peak parameters. 

 

Deviation of regenerative GT (RGT) cycles performance parameters with 

respect to the optimum ones are illustrated in Figure 4.64.  The effect of the isentropic 

compressor efficiency and turbine inlet temperature on the thermal efficiency is 
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illustrated in Figure 4.64a. If the turbine inlet temperature increases and the isentropic 

compressor efficiency decrease; the thermal efficiency drops. The reason for this is 

explained by (McDonald and Rogers, 2005; Saravanamuttoo et al., 2009), who state that 

an increase in the turbine inlet temperature leads to greater consumption of fuel. 

Consequently, it can be seen from the graph that at an isentropic compressor efficiency 

of 100% and turbine inlet temperature of 1900K, the peak thermal efficiency amounts to 

63%. 

 

 

 

(a) Thermal efficiency 

     

 

                         (b)Power                                         (c) Specific fuel consumption 

 

Figure 4.64: RGT performance trends with peak parameters. 

 

The effect of the isentropic compressor efficiency and turbine inlet temperature 

on the output power is depicted in Figure 4.64b. As stated by (Polyzakis et al., 2008; 
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Kang et al., 2012), these two parameters when increased resulted in a proportional 

increase in the output power too. At an isentropic compressor efficiency of 100% and a 

turbine inlet temperature of 1900K, 375MW of power resulted, which was the peak 

value of the power output. The variation of the RGTs fuel consumption with respect to 

the isentropic compressor efficiency and the pressure ratio is shown in Figure 4.64c. It 

can be seen from the graph that as these two parameters increase, the fuel consumption 

decreases. This is explained by (Poullikkas, 2005; Kim and Perez-Blanco, 2007), where 

they states that as the turbine efficiency increased, the RGT losses reduced. 

Furthermore, this led to an increased power output at a constant inlet temperature, 

resulting in a decreased consumption. Consequently, at an isentropic compressor 

efficiency of 100% and a pressure ratio of 30, a peak value of 0.033kg/kWh was 

obtained. This fact is further endorsed by (Tyagi et al., 2006; Basha et al., 2012), who 

states that these results are in close proximity to the previous studies conducted. 

 

Figure 4.65 highlights the effects of these prime parameters on intercooler-

regenerative-reheat GT, based on the ANFIS strategies. Figure 4.65a shows how the 

thermal efficiency is affected based on the two parameters namely the isentropic 

compressor efficiency and the turbine inlet temperature. An efficiency of 67% was 

observed at 100% isentropic compressor efficiency and 1900K turbine inlet 

temperature. (Benjalool, 2006; Kumar, 2010; Aklilu and Gilani, 2010; Sayyaadi and 

Mehrabipour, 2012) explain this fact, stating that an increase in the inlet temperature 

causes an increase in the work done and similarly, it decreases when the efficiency of 

the isentropic compressor decreases. According to previous researchers (Bassily, 2002; 

Khaliq and Choudhary, 2006; Chandra et al., 2009) are of the view that the IRHGT 

technique played a key role in enhancing the SGT cycles thermal efficiency. These 

reasons explain the fact why an increase in the efficiency of the isentropic compressor 

and of the turbine inlet temperature led to an increase in the thermal efficiency. Lastly, 

one can observe that at 70% isentropic efficiency and at 1900K of inlet temperature, 

30% was the achievable lower thermal efficiency. 
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(a) Thermal efficiency 

     

                          (b)Power                                            (c) Specific fuel consumption 

 

Figure 4.65: IRHGTs performance trends with peak parameters. 

 

The IRHGT cycles power output is shown in Figure 4.65b with respect to the 

isentropic compressor efficiency and the turbine inlet temperature. It can be seen that 

the power outputs peak value reaches 400MW at 100% compressor efficiency and 

1900K inlet temperature. According to (Harvey and Kane, 1997; Khaliq and Kaushik, 

2004; Carapellucci and Milazzo, 2005: Boyce, 2012), this rise was due to the reheated 

combustion chamber being re-used, in turn providing the power which led to an 

increased turbine inlet temperature. On the other hand, (McDonald and Wilson, 1996; 

Nishida et al., 2005; Sayyaadi and Aminian, 2010) believe that the regenerative action 

was the key element in saving power and for keeping the losses at a minimum. Others 

like GT (Yi et al., 2004; Canière et al., 2006; Huang et al., 2007; Farzaneh-Gord and 

Deymi-Dashtebayaz, 2009) are of the view that the high compressor efficiency coupled 
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with the inter cooler led to a decreased power consumption of the GTs compressor. The 

above stated reasons account for an increase in the output power in the IRHGT cycle. 

The effect on the consumption of the fuel in the IRHGT cycle is illustrated in 

Figure 4.65c. Amazingly, the trend seen here matches the trend seen in the graph 

pertaining to thermal efficiency. As the efficiency of the isentropic compressor rises 

along with the inlet temperature of the turbine, fuel consumption falls. According to 

(Khaliq and Kaushik, 2004; Lee et al., 2011; Boyce, 2012), this trend is due to an 

increase in the inlet temperature at a constant air fuel ratio coupled with additional fuel 

usage in the reheated stage to lift the turbine inlet temperature. Another fact stated by 

(Abdallah and Harvey, 2001; Soares, 2008) point out that a decrease in the consumption 

was also due to the regenerative action. Hence, it can be seen that at an isentropic 

compressor efficiency of 100% and at a turbine inlet temperature of 1900K, the peak 

value obtained was 0.07kg/kWh. Thus, for IRHGT cycle, these graphs showed 

satisfactory results. 

 

The effect on (TPRBCC), also known as firing triple pressure with reheat 

combined cycle optimums parameters with respect to the peak selected ones is shown in 

Figure 4.66. A graph of thermal efficiency being affected by parameters like isentropic 

efficiency of the compressor and inlet temperature of the turbine is shown in 

Figure 4.66a. According to (Bassily, 2008b; Bassily, 2012), as the turbine inlet 

temperature increases, so does the overall efficiency. This when compared with the 

efficiency of the compressor turns out to be rather steeper. The peak overall efficiency 

(about 61%) was the result at 1900K turbine inlet temperature and 100% compressor 

efficiency. Figure 4.66b illustrates the power output graph of the TPRBCC plant with 

respect to the two parameters listed above. It can be seen from the graph that at low inlet 

temperature of the turbine, the output power was not affected even though the 

compressor efficiency was high. (Shin et al., 2003; Bassily, 2004; Bassily, 2007; 

Srinivas, 2010) explain this affect, as the compressor efficiency increases, compressor 

losses decrease. This in turn leads to less fuel being burnt thus resulting in a decrease in 

the output power. A peak output power of 1540MW was seen at 100% compressor 

efficiency and 1900K turbine inlet temperature. Lastly, the effect of the above stated 

parameters on the fuel consumption is seen in Figure 4.66c. At low inlet temperature of 

the turbine, fuel consumption increases with the increase in the compressor efficiency. 
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(Yang, 1997; Saravanamuttoo et al., 2009) states that this affect is due to the rising 

temperature of the inlet air entering the combustion chamber as the efficiency increases, 

causing more fuel to be consumed since the air fuel ratio remains the same. 

Successively, 0.082 kg/kWh fuel was consumed at 100% isentropic compressor 

efficiency and at 1100K turbine inlet temperature. More so, about 0.033kg/kWh was 

registered as the lower (peak) fuel consumption at 100% efficiency and 1900K inlet 

temperature. Nonetheless, at higher turbine inlet temperature and at greater compressor 

efficiency, the deviation in the consumption of fuel is noteworthy. 

 

 

 

(a) Thermal efficiency 

   

 

                       (b)Power                                             (c) Specific fuel consumption 

 

Figure 4.66: TPRBCC performance trends with peak parameters. 
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The effect on IRHGTCC, also known as intercooler-regenerative-reheat 

supplementary firing triple pressure with reheat combined cycle with respect to the peak 

parameters is represented in Figure 4.67. Figure 4.67a highlights the fact that there is an 

increase in the overall efficiency as the turbine inlet temperature and the isentropic 

compressor efficiency increases. The intercooler, regenerative action and lastly the 

reheat were the key factors that led to this overall increase in the efficiency, as stated by 

(Bassily, 2008a; Bassily, 2012). At 100% compressor efficiency and 1900K inlet 

temperature of the turbine, 67% efficiency resulted. The output power of the IRHGTCC 

plant with respect to the above stated parameters is shown in Figure 4.67b. One can see 

that as the isentropic compressor efficiency increased and so did the inlet temperature of 

the turbine, the power output increased too, showing a direct relationship. This fact has 

been explained by (Marrero et al., 2002; Khaliq and Choudhary, 2006; Sanjay et al., 

2007), where they state that the rise in the inlet temperature of the turbine and 

compressor efficiency resulted in an increase in the work done by the turbine (LPT), 

thereby resulting in an increase in the output power. The peak power reached 1330MW 

at 100% isentropic compressor efficiency and 1900K turbine inlet temperature. 

 

Fuel consumption effects due to isentropic compressor efficiency and turbine 

inlet temperature is shown in Figure 4.67c. A drop in the overall consumption of fuel 

was seen with a rise in the inlet temperature of the turbine and in the isentropic 

efficiency of the compressor. (Woudstra et al., 2010; Al-Doori, 2011; Boyce, 2012) 

explain this fact by stating that due to the usage of the intercooler, the power 

consumption decreased. Secondly, the regenerative action resulted in the saving of fuel 

which led to an increase in the compressor efficiency. On the other hand, (Badran, 

1999; Bhargava and Meher-Homji, 2005) believe that the work done was increased due 

to a higher inlet temperature at a constant air fuel ratio. As can be seen from the graph, 

the peak consumption of fuel was 0.022 kg/kWh at a turbine inlet temperature of 1900K 

and an isentropic compressor efficiency of 100%. Furthermore, these results matched 

with results recorded previously, as stated by (Chiesa and Macchi, 2004; Srinivas et al., 

2008b; Bassily, 2008b; Sanjay, 2011; Bassily, 2012). 
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(a) Thermal efficiency 

     

 

                       (b) Power                                      (c) Specific fuel consumption 

 

Figure 4.67: IRHGTCC performance trends with peak parameters. 

 

4.7  SUMMARY 

  

The performance of the GT and the CCGT has been analyzed and results 

pertaining to different models have been presented. The thermodynamics model was 

developed based on data from the real one. ANOVA assessment resulted in developing 

the correlations between the power outputs of both the plants, mainly, GT and CCGT. 

Furthermore, error analyses including its approximation were also done to get a clear 
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picture of the results that were being developed. GTs performance model was also part 

of the simulation process carried out. More so, the results were verified too. Different 

conditions were implemented on every model presented to get the maximum from the 

analysis. These conditions included isentropic turbine and compressor efficiency, inlet 

temperature of the turbine, pressure ratio, air fuel ratio and ambient temperature. 

Additionally, configuration models and strategy’s code models were improved based on 

the performance trends analysis of both the GT and CCGT plants. These models were 

not only developed but also validated after carrying out a discussion. Integrating HRSG 

configurations and performance strategies resulted in an enhanced code for the CCGT 

plant. As evident from the above discussions, various strategies, that is, for improving 

the performance and for optimizing the plants were developed and employed. 

Furthermore, for assessing the performance of the plant, ANFIS optimization code was 

used which in turn brought to light the peak performance parameters. The next chapter 

with deal with the summarized findings of the work presented along with suggestions 

for future work. 

 

 



 

 

 

CHAPTER 5 

 

 

CONCLUSIONS AND RECOMMENDATIONS  

 

 

5.1 INTRODUCTION 

 

The aim of this study is to develop a series of inter linked models which would 

make possible the optimization, scrutiny and calibration of the gas turbine (GT) and 

combined cycle power plant (CCGT) within different performance parameters and 

configurations. This chapter gives summarized details about the essential findings of the 

research work. This study also comes up with proposals for future improvement in each 

of the areas discussed. 

 

5.2 SUMMARY OF FINDINGS  

 

For better performance of GT and CCGT power plant, Simulation model have 

been developed. The following section includes the main findings. 

 

5.2.1 Simple Gas Turbine  

 

For simple gas turbine (SGT) based on real data from Baiji GT power plant, 

Iraq, an application for performance characteristics and computational programs have 

been presented. By maintaining an energy balance the efficiency and power output is 

attained. There are certain parameters which strongly affect the thermal efficiency of the 

GT power plant. These effective parameters include; ambient temperature, pressure 

ratios, turbine inlet temperature, isentropic efficiencies and air to fuel ratio. The 

situation under which the deviation in thermal efficiency is caused due to higher 

pressure ratios, the two parameters of ambient and turbine inlet temperature are very 
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imperative. When the air fuel ratio and ambient temperature rises, the thermal efficiency 

and power output reduce greatly. The increase in air fuel ratio and ambient temperature 

also bring an increase in the fuel consumption and the heat rate. A combination of low 

ambient temperature and high pressure ratio provides power, maximum efficiency and 

explicit fuel utilization. 

 

5.2.2 Modifications of Gas Turbine  

 

These operational parameters also help in assessing the numerous configurations 

of the GT cycle. Analysis is done of the parametric work which includes the affects of 

operational parameters on the five configurations of the GT cycle. The operation 

parameters like; ambient temperature, pressure ratios, turbine inlet temperature, 

isentropic compressor and turbine competence level affect the power output, fuel 

consumption and thermal efficiency of the gas turbine strongly. Reheated gas turbine 

created maximum power output. This is due to the turbine inlet temperature that 

maximum power output and thermal efficiency is attained in the gas turbine. For 

achieving highest thermal efficiency, regeneration gas turbines are required. Increase in 

specific fuel utilization brings about higher outputs in reheated gas turbines. The outputs 

of all the configurations of the gas turbines are superior as compared to the Iraq’s real 

power plant of Baiji gas turbine. 

 

5.2.3 Gas Turbine Enhancing Strategies 

 

Thermal analysis of the GT plant along with the configurations is performed, so 

that better strategies can be presented. The assessment of the impact of turbine inlet and 

ambient temperature is done. The development of performance model code took place 

for the development of the GT plant. For creation of the most favourable strategy for the 

gas turbine, the effective parameters have been proposed. The parameters include 

turbine inlet temperature, isentropic compressor and turbine efficiency, pressure ratio 

and ambient temperature. In the presence of IHGT strategy a power output of 404 MW 

is produced, which is the highest. When intercooler-regenerative-reheated gas turbine 

strategy (IRHGT) is applied then we observe best thermal efficiency i.e. of 57%. If 

comparison is made between Baiji GT plant and simulation model, then simulation 
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model is found to be on an upper hand. It has been revealed by extensive modelling that 

these effective parameters affect the presentation of the GT plant. 

 

5.2.4 Combined Cycle Gas Turbine 

 

The performance of CCGT power plant is checked by parametrical analysis. A 

new methodology of thermodynamic model was launched to check the real performance 

of the working CCGT plant called as MARAFIQ CCGT plant. Different parameters are 

used for different purposes a steam pressure is the major parameter used to get the 

maximum energy from the exhaust. To obtain maximum thermal efficiency as well as 

power generation multi-configured parameters are designed.  Parametrical analysis is 

done to know about performance of CCGT plant, these parameters are: ambient 

temperature, turbine inlet temperature, pressure ratio, isentropic compressor as well as 

the turbine efficiency of GT and also the steam pressure. It is observed that as the steam 

pressure is increased of HRSG, a throughout thermal efficiency as well as power 

generation of  CCGT plant is increased along with SPCC, TPCC,  DPCC, TPRCC, and 

TPRBCC configuration. On the whole thermal efficiency along with the power output is 

increased as increase in turbine inlet temperature is observed. Furthermore, the higher 

thermal efficiency is occurred at the TPRCC configuration while the maximum power 

output is recorded in the TPRBCC configuration. As discussed above also that 

whenever ambient temperature shoots the thermal efficiency as well as the power 

generation faced the declining conditions of the CCGT plant regardless of 

configuration. Increase in other parameter such as isentropic compressor, turbine 

efficiency shows an increase in the power out as well as thermal efficiency. The thermal 

efficiency was increased with increase of the pressure ratio until 19, after that the 

overall thermal efficiency decreases. The performance of MARAFIQ CCGT plant along 

with a running performance for CCGT power plants are checked by the parameters 

discussed above. 

 

5.2.5 Combined Cycle Enhancing Strategies 

 

For the purpose of simulation of data of CCGT plant thermodynamic model was 

developed. In this newly developed model the performance increasing policies are taken 
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into consideration of CCGT plant like supplementary firing triple pressure along with 

the reheating process of (TPRBCC) of CCGT plant. New strategies were put forward to 

enhance the performance level of the plants. The parametrical analysis showed that the 

affect of ambient temperature, turbine inlet temperature, pressure ratio and isentropic 

compressor along with turbine efficiency are significant on performance of CCGT 

power plants. The affects of turbine inlet temperature as well as pressure ratio are very 

obvious on overall efficiency of CCGT plant. In the same way ambient temperature also 

influence the plant performance directly as the increase in this temperature causes a 

remarkable decrease in both the thermal efficiency as well as power generation of the 

plant. With the turbine inlet temperature 1900k the total efficiency of CCGT plant is 

recorded about 59%. This model also gives a good comparative picture of the working 

of MARAFIQ CCGT plant. In RHGTCC strategy the total efficiency recorded is about 

59.5% and in the IHGTCC strategy highest power output is observed which is about 

1630MW along with the increase in the turbine inlet temperature. 

 

5.2.6 Optimization  

 

To improve the system of checking the performance of CCGT and GT plants 

and their power output new techniques of analytical correlations were launched, which 

were mostly evaluated statistically. This technology of correlation was considered 

satisfactory for all types of simulation data, whose coefficient of determination (R
2
) was 

calculated as 0.985. Some of the latest launched correlations were checked on the real 

working of MARAFIQ CCGT plant. Error analysis is also conducted to approximation 

error recorded as 1.123% of GT plant and 0.8104% of CCGT power plants. The 

performance of both CCGT and GT was judged by particular parameters opted from the 

simulation model of performance and also utilized Adaptive Neuro-Fuzzy System 

(ANFIS) an advanced new optimization technology. For the approaches of GT, the best 

thermal efficiency attained was about 63%. It was with best possible turbine inlet 

temperature and the isentropic compressor efficiency. The highest efficiency achieved 

was about 67%. It was when the isentropic compressor efficiency and the turbine inlet 

temperature was 100% and 1900K respectively for the intercooler-regenerative-reheat 

in addition shooting triple pressure with reheat combined cycle (IRHGTCC).  
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5.3 CONTRIBUTIONS OF THE STUDY 

 

The influences of this study are mentioned further down: 

 

i. New prediction correlations are established using ANOVA analysis approach to 

analyze the power output of the GT and CCGT plants. These correlations are 

appropriate for the MARAFIQ CCGT power plant. The newly developed 

correlations are suitable for the effect of the ambient temperature, pressure ratio 

of the GT cycle and pressure of superheat steam of the ST cycle. By enhancing 

power output of the GT and CCGT plants, it becomes a persuasive procedure.   

 

ii. An interconnected simulation code was developed which had its basis in the 

fundamentals of performance enhancing strategies (PES) to improve the 

performance of the GT plant. These cohesive strategies that are made from 

various enhancing elements are being applied on the established models on 

performance of the GT with actual GT power plants.    

 

iii. A multi-pressure model for HRSG of the CCGT power plants was developed. 

The purpose of this model was to compare performance of various HRSG 

configurations. Moreover, the operating and ambient conditions and its effect 

were studied to give out excellent performance among various configurations. 

 

iv. PES, which is integrated computer program, is developed in order to evaluate 

the performance of the supplementary firing triple pressure with reheat CCGT 

plant (TPRBCC). It has the abilities to modify ambient conditions (temperature, 

pressure and humidity), operating conditions (pressure ratio, air mass flow rate, 

and turbine inlet temperature and pressure losses) and design conditions 

(isentropic compressor and turbine efficiency and pressure levels). It can very 

well perform optimization of the whole performance by making use of energy 

analysis. 

 

v. A developed model is based on effective parameters to lead to optimum 

performance parameters. The model is developed for power plants (particularly 
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GT and CCGT plants) based on ANFIS technique. The various cases are to be 

dealt in the model. It explores how much is the impact of operation parameters 

over optimum level of overall performance. The optimum parameters are to be 

selected for this model.  

 

5.4 RECOMMENDATIONS FOR FUTURE WORK 

 

The performance of power plant can be improved further as well. This section is 

presented some of the possibilities for extending work investigated based on the 

obtained results and observations. The recommendations for future work are outlined as 

the follows: 

 

i. The energetic balance can be accomplished to bring improvements in GT and 

CCGT strategies. There is possibility of obtaining 1or 2% more accurate results 

the present ones. The enthalpies and chemical changes affect all the objects 

present in the mixture which forms in the combustion chamber. 

 

ii. The accuracy of simulation code can be increased through considering effective 

parameters and load in a common function. This function can measure 

performance through empiric correlations. 

 

iii. Maximum power output can be obtained through managing turbine inlet 

temperature particularly in CCGT plants. The exhaust conditions of GT cycle 

can be managed through simulation results. The simulation results are produced 

by the GT cycle, superheat steam pressure and the HRSG pressure drop in 

integrated simulation code. 

 

iv. There are certain ambient conditions that lead to variation in performance of the 

CCGT and GT power plants. The variation is caused by energy and exergy 

analysis that is based on inlet air cooling system (absorption cooling system).  
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